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Abstract

In the actual context of energy transition, a structural change is experienced by the energy
system. The latter was conventionally centralized and is now becoming more renewable,
spread out, thus requiring small-scale applications. A gap to fill exists for small-scale combined
heat and power (CHP) units with flexible operations because of the intermittency of the
renewable energy sources. Usually, Internal Combustion Engines (ICE) are the technology
used for this application. However, Micro gas turbines (mGT) could be used as CHP in those
smart energy grid. This technology shows potential thanks to some advantages that they
present over the ICE; mostly their lower emissions levels, lower maintenance requirements
and high fuel flexibility. However, they did not enter the small-scale CHP market yet because
of their rather low electric efficiency (about 30 %). When the heat demand is low, the
efficiency is limited to the electrical one because the exhaust gases are not valued. In this
context, a bottoming cycle valorizing the waste heat of a mGT (namely, the Turbec T100)
could be added to increase the electrical efficiency of this mGT. Thanks to its interesting
fluid properties (high fluid density while keeping gas-like viscosity), supercritical CO2 has
shown interest in waste heat recovery applications. The present thesis will hence assess the
potential of a supercritical CO2 bottoming cycle for waste heat recovery. First, by comparing
its steady-state performances with the conventional technology used in the case of waste heat
recovery for the temperature ranges of the Turbec T100 exhaust (about 270 [°C]), namely,
the Organic Rankine Cycles (ORC’s). Then, because the aim of the use of the mGT is to
compensate the intermittency of energy sources, they must operate in transient and part-load
operations hence the bottoming cycle must also satisfy these constraints. Therefore, an
analysis of the dynamic behavior of the CO2 bottoming cycle receiving transient heat load
from the mGT is required for potential future construction of such installations. In order to
achieve this, the varying exhaust conditions of the Turbec T100 were used. A dynamic model,
using the open-source programming language Python was thus developed in this thesis and
calibrated with the aid of data obtained in literature. Special care was taken regarding the
different components’ behavior (especially the compressor and recuperator) when the working
fluid was approaching critical conditions due to the sharp changes of CO2 properties in this
region.
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Research question

Within the context of energy transition, our system of energy production is experiencing
a change from conventional and centralized power generation to a more renewable, spread
out and small scale architecture. To balance the intermittency of renewable energy sources,
flexible operation small scale combined heat and power (CHP) units are expected to play
an important role [40, 96]. Micro gas turbines (mGT) could be used as CHP in those smart
energy grid [6]. Indeed, this is a promising technology that presents some advantages over
the internal combustion engines (ICE) that are commonly used, mostly their lower emissions
levels, lower maintenance requirements and high fuel flexibility [40]. The main reason they did
not enter the small-scale CHP market yet is their rather low efficiency (about 30 % electric
efficiency) which limits the profitability for consumers with a variable heat demand. Indeed,
when the user need for heat is low, the efficiency is limited to the electrical one as the exhaust
gases are blown off and not valued [20].

The mGT considered in this study is the Turbec T100. This turbine outputs 100 [kW ]
of electricity and 170 [kW ] of heat that is recuperated from the exhaust. This heat is available
as a flow of about 0.79 [kg/s] of flue gas at 270 [°C] and is wasted when not needed. By
valorizing this waste heat, the efficiency of the mGT during low heat demand could increase,
allowing this technology to enter the market and induce a reduction of the emissions of CHP’s.

For this purpose, some studies have already been done, investigating the micro humid
air turbine cycle [20], recuperators [91] or bottoming cycles [70]. In this master thesis, the
focus will be on recuperating the heat from the exhaust gases to produce electricity using a
bottoming CO2 cycle for waste heat recovery (WHR).

Considering the bottoming cycle efficiency achievable in [45] that is of 23 %, the addi-
tional work recoverable would be of 39.1 [kW ], which boosts the total electrical efficiency
from 30 to 41.7 %. The latter model doesn’t include pressure losses, considers a steady-state
operation and a pressure ratio of 3.2, which does not seem realistic with the existing turboma-
chinery for this mass flow rate of s − CO2. With a pressure ratio of 1.8 for existing turbine
used in testing facilities, the efficiency could still be boosted to 37 %. This is superior to the
gain in efficiency obtained using a humid air cycle in [20] (34.2 % of electrical efficiency) and
is then worth investigating.

Waste heat sources can be divided into three main categories according to their temper-
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ature ranges: high grade heat source (temperatures above 650 [°C]), medium grade heat source
(temperature range between 230 and 650 [°C]) and low grade heat source (temperatures below
230 [°C]) [26]. Hence the type of waste heat from the mGT is what is considered to be medium
grade. The cycles commonly used in industry for this purpose are the organic Rankine cycles
(ORC). Indeed, as explained in [5], although the main solution for large size power plants for
WHR is the traditional Steam Cycle (SC), for small and mid-size GT, it cannot always be
compatible due to the complex architecture of this cycle and its lack of flexibility (especially
when the GT operating conditions vary following the site demand). The alternative cycles
used are thus more flexible and allow simpler generation of vapour thanks to lower critical
temperature of the working fluid. Conventionally, ORC’s are used for the considered operating
range but CO2 cycles are showing interest thanks to the interesting properties of CO2.

The main advantages of CO2 cycles compared to the latter for WHR are their lower turbo-
machinery investment costs, smaller streams of working medium in circulation, lower price
of the working medium, and the properties of the working medium (ORC fluids are often
hazardous) [38]. Indeed, the working fluids used in ORC’s are mostly hydrofluorocarbons
(HFC), which have relatively high Global Warming Potential (GWP). In addition, a HFC
ORC has a constant evaporating temperature for its high pressure heat addition process.
This will lead to a temperature profile mismatch between the flows of heat source and the
ORC working fluid, thus increasing irreversible losses and reducing system efficiency. These
will influence long term applications of ORC system in the future [46]. What also makes
s − CO2 technology attractive and competitive with respect to the ORC solution according
to [5] is the fact that s − CO2 is a high density fluid similar to liquid water throughout the
cycle, is non-toxic, nonflammable and abundant, possibly provided by greenhouse gas emission
sequesters. Also, the CO2 cycles seem to operate efficiently on a higher range of operation
[85], which is an important aspect since it should work on the whole range of operation of the
mGT. Flexibility is then an important aspect.

But s − CO2 cycles still present challenges, the technology being at an early stage and
not yet ready to enter the market. Some of the current challenges according to [5] are the
development of compact high pressure heat exchangers at reasonable cost, the reduction of
leakage and mechanical losses in turbomachines and the optimal regulation and safe operating
conditions of the compressor near the CO2 critical point (as shown by [66], a significant
decrease in static temperature and static pressure in the local area of flow acceleration is
observed indicating a high potential for the appearance of two-phase condition inside the
compressor). The sharp change of fluid properties in this region showing potential implications
on the stable and safe operation of the compressor and thus of the cycle and the real gas
behavior also makes very questionable the application of the know-how gained on conventional
turbomachines to the s − CO2 compressor. Indeed, as said in [4], while s − CO2 high fluid
density results in the compactness of the turbomachinery (hence reducing the material costs
and showing interest in low space and potentially low weight applications) the combination of
pressure, temperature, and density in s − CO2 power cycles are outside the experience base
of existing turbomachines such as gas turbines, steam turbines, and even high-pressure gas
compressors. s − CO2 turbomachinery design is thus a significant challenge for realizing these
cycles.

To make sure the components of the cycle, and mostly the turbomachinery, operate in
a safe zone despite the variable waste heat profile from the mGT, dynamic modeling of the
cycle is necessary. Indeed, the flexibility of operation of the mGT induces a high variability of
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its exhaust as well in mass flow rate than in temperature. To maximize the energy recuperated
by the cycle on the range of operation of the mGT, a control strategy must also be designed.
To do so, dynamic performances must be obtained and modeled. It is critical for s − CO2
cycles to not only consider the design point as the properties of the fluid might change at
part load, as well as the efficiency of the turbomachinery [84].

The precise aim of the following research should assess the potential increase of the effi-
ciency of the mGT from the addition of the s − CO2 bottoming cycle. First, by comparing
this cycle to the conventional Rankine cycles using organic fluids compatible with the temper-
ature range from the mGT (for example R113 and R245fa as done in [69]) in steady-state
conditions to show the interest of s − CO2 cycles. Secondly, by doing a dynamic analysis and
by investigating on turbomachinery and heat exchangers compatible with such cycles and the
challenges associated with them. The development of a dynamic tool for simulation will allow
future research on the field and the investigation of control strategies.

Thesis structure
This thesis will follow the structure described hereunder. It follows the thesis of A. Laterre [40]
about the modeling of the mGT Turbec T100 from which we aim to improve the efficiency by
adding a CO2 bottoming cycle. This work is in view of a potential installation construction.

• Chapter 1 - Review of literature serves as a presentation of the overall context
followed by a more specific overview of the challenges, technologies and perspectives
around the application considered. This Chapter’s purpose is to make the gap in the
research field more obvious introducing the need for the work presented.

• Chapter 2 - Potential of CO2 bottoming cycle shows a steady-state analysis of four
cycles; two CO2 cycles differing in their compressor entry conditions and two ORC’s.
The purpose is to investigate if the performances of CO2 cycles are of the same order of
magnitude than the main technology today for waste heat recovery, the ORC’s.

• Chapter 3 - Physical model will thoroughly explain the main assumptions taken
for the dynamic modeling of the system as well as the methodology employed for the
physical model, considering a block approach for the dynamic modeling taking into
account the main phenomena of the system.

• Chapter 4 - Numerical model will graphically show the sequential procedure used
in the model implemented.

• Chapter 5 - Estimation and tuning of the parameters shows how the different
parameters used in the cycle were estimated due to lack of experimental data.

• Chapter 6 - Dynamic analysis results serves as an investigation of the behavior of
the designed model for waste heat recovery of the mGT exhaust. First some sensitivity
analysis on important parameters of the cycle have been carried out. Afterwards, a
dynamic simulation of the cycle has been made while recovering changing exhaust flow
and temperature of the mGT. The simulation is the one obtained during a change of
operation of the Turbec T100, from 100 to 80 [kW ] and from 90 to 100 [kW ].

• Chapter 7 - Conclusion summarizes the main findings and discusses the further
potential improvements.





CHAPTER 1

Literature review

1.1 Introduction
This Chapter serves as an assessment of overall properties, technologies and perspectives
around supercritical carbon dioxide in order to have a better understanding of the challenges
and particularities to face in further modeling of supercritical cycles.

This includes a review of supercritical CO2 properties, applications using supercritical CO2 in
power cycles, types of cycle layouts used and their characteristics, a component review with
special focus on the key components such as the compressor, the turbine and heat exchangers.
Lastly a review of transient modeling of supercritical CO2 will be made.

1.2 Supercritical CO2 cycles
Supercritical fluids are fluids where pressure and temperature exceed the critical pressure
and temperature. In this case, it can thus adopt properties midway between liquid and gas.
Historically, the concept of power cycles using CO2 as a working fluid was presented in 1948
when Sulzer Bros completed a patent for a partial condensation CO2 Brayton cycle [23]. In
recent years, the focus on reducing energy losses has pushed to further investigate power
cycles using supercritical CO2. Power cycles using supercritical CO2 take advantage of the
real gas behavior in order to achieve high thermal efficiency and reduce compressor work
(usually working near the critical point where the properties of the fluid change sharply) [37].

1.2.1 Supercritical CO2 properties
CO2 presents a high critical pressure pcrit = 73.77 [bar] while a relatively low critical tempera-
ture Tcrit = 30.98 [°C] resulting in unique challenges for supercritical CO2 cycles.

The main advantages of CO2 can be summed up as follows; the high operating pressures
enable smaller size components, supercritical CO2 cycles achieve high efficiencies at low
temperatures, CO2 is a very stable, non-toxic, non-flammable fluid, it is not hazardous to
waters, it has a low critical temperature (which allows to use water at ambient temperature

4



1.2. SUPERCRITICAL CO2 CYCLES 5

as a coolant), is abundantly available and maintains a low viscosity with high density. Fur-
thermore, it possesses high power density, low surface tension (reduced effects of cavitation
in the machinery) and low molecular leak due to higher molecular mass. Moreover, it is low
costs, easily handled and plant personnel is accustomed to CO2 [37].

In a small range of temperature and pressure starting at the critical point and extend-
ing to greater pressure and temperature values, some properties of supercritical CO2 exhibit
very sharp changes. When these relevant thermodynamic properties are represented in
pressure-temperature space, curves linking the inflection points of these properties for different
conditions represent what is called pseudo-critical lines. Various physico-chemical quantities
(e.g. compressibility, heat capacity, density and speed of sound) have different pseudo-critical
lines and collectively these curves define a pseudo-critical region, located in a area [76]
represented in Fig. 1.1. The supercritical space is divided into three areas: the liquid-like,
pseudo-critical and vapour-like regions.

Figure 1.1: Phase diagram of CO2 showing the defined supercritical regions [76]

Examples of pseudo-critical lines of the Specific Heat Capacity and the Isentropic Exponent
(defined by equation (3.18)) are represented in Fig. 1.2.

Figure 1.2: Pseudo-critical lines examples [56]
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Fig. 1.3 and Fig. 1.4 show the density and speed of sound (the latter defined in equation
(3.16) for a real gas) variations of supercritical CO2.

Figure 1.3: CO2 density variations in function of
(a) temperature, (b) pressure

Figure 1.4: CO2 speed of sound variations in function of
(a) temperature, (b) pressure

This illustrates the sharp changes of fluid properties with relatively small temperature
and pressure changes. One can also distinguish the supercritical liquid-like and vapour-like
fluid from the sharp changes in density with pressure and temperature in Fig. 1.3.

1.2.2 Applications in power cycles
Supercritical CO2, due to its improved thermal-to-mechanical conversion efficiency, has re-
ceived increasing interest for electric production thanks to its coupling with many different
power sources including nuclear energy, fossil fuels, waste heat, solar energy, and fuel cells as
well as coal-fired power plant [22, 44].

Recently, many researchers have focused on the application of carbon dioxide power cy-
cle for waste heat recovery [44]. The most mature technology for waste heat recovery today
are the Organic Rankine Cycles (ORC’s) and Steam Cycles (SC’s), where, in most cases, all of
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the cycle takes place in the subcritical region. On the contrary, supercritical CO2 systems still
need significant development to enable their penetration in the market, both at the system
and at the component level [71]. Supercritical CO2 shows a great range of temperature from
which it can recuperate heat. It can recover low grade heat source (with temperatures below
230 [°C]) with the use of a transcritical cycle (some states of the cycle are taking place in
subcritical conditions), which is most effective at harvesting low-grade heat sources when a
low temperature heat sink is accessible [26]. This is especially interesting since there are large
amounts (more than 50 % according to statistics) of low grade heat sources from industrial
waste and renewables that can be converted into electricity through advanced thermodynamic
power cycles and appropriate working fluids. However, very few experiments have been made
considering power cycles with transcritical CO2 cycles in which actual power generations
were measured; most investigations are limited to theoretical and small-scale laboratory work
[26]. Furthermore, supercritical CO2 cycles represent a potentially more effective solution
than ORC’s for heat source temperatures greater than 350 [°C]; this is particularly true if
cold water is available, making condensation possible [8]. In the case of SC’s, they become
expensive for low temperature heat sources in comparison to potential CO2 systems [37].

Other drawbacks of ORC’s and SC’s compared to supercritical CO2 is their constant evapora-
tion temperature, which increases irreversibly during the heat addition process when using
sensible heat sources such as waste heat. In comparison, the supercritical heat addition
process of a supercritical/transcritical cycle can produce high efficiency temperature matching
between the sensible heat source and the working fluid, leading to no pinch limitations. Fur-
thermore, due to the high fluid density and other properties (latent heat, specific heat, thermal
conductivity, volumetric cooling capacity, and lower viscosity) of supercritical CO2 cycles,
it allows for more compact components than in the case of ORC’s. Due to their efficiency
and compactness, supercritical CO2 cycles have the potential to be applied in distributed or
portable energy systems [92]. Moreover, a hydrofluorocarbon (HFC) working fluid is usually
used in ORC’s, which has zero Ozone Depletion Potential (ODP) but a relatively high global
warming potential (GWP) hence posing a threat to the environment [26]. Thermal stability
(limiting the achievable cycle maximum temperature, due to fluids thermal decomposition [7])
is a significant property of ORC working fluids and is the primary limitation for working fluid
selection and system design [18].

As of today, the development of supercritical cycles presents many scientific and techno-
logical challenges; commercial operation of a supercritical CO2 cycle power plant is not
yet available. Globally, there is a lack of methodology for system design and analysis for
supercritical CO2 cycles receiving heat from different heat sources under design and off-design
conditions and transient operation. Furthermore, heat transfer and heat to power processes
are not well known resulting in non-optimized design for cycle components. Moreover, tech-
nological barriers exist for fabrication, seal, leakage and rotor-dynamics stability of the key
components [92]. Further improvements required are for example the development of compact
high pressure heat exchangers at reasonable cost, the reduction of leakage and mechanical
losses in turbomachines, the selection of materials compatible with high cycle pressure and
possible corrosion at high temperatures, etc [5].

1.2.3 Cycles layout
Fig. 1.5, Fig. 1.6 and Fig. 1.7 show the three basic CO2 power cycles. The main difference
lies in the compressor inlet conditions influencing the fluid properties.
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• Supercritical Brayton cycle
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Figure 1.5: T-s diagram of s − CO2
Brayton cycle example

All of the states in this cycle are super-
critical; hence the inlet condition of the
compressor is above the critical point (red
dot in Fig. 1.5) both in temperature and
pressure. In the case of Fig. 1.5, the entry
of the compressor is located in the liquid-
like supercritical space (see Fig. 1.1) be-
cause of the high inlet pressure compared
to inlet temperature (making the point at
the left of the critical point).

• Transcritical Brayton cycle
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Figure 1.6: T-s diagram of t − CO2
Brayton cycle example

The inlet of the compressor is below the
critical point but in the vapour region.
Hence part of the cycle takes place in the
subcritical vapour region and part of cycle
is in the supercritical vapour-like region
and only one phase is present during the
cycle.

• Transcritical Rankine cycle
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Figure 1.7: T-s diagram of t − CO2
Rankine cycle example

The inlet of the compressor takes place
in the subcritical liquid region. During
part of the heat rejection process, conden-
sation takes place hence a two-phase fluid
appears. This might lead to a pinch point
difficulty in the cooling section. For a same
inlet temperature as the t − CO2 Brayton
cycle, the inlet pressure must increase for
a liquid entry.

In practice, for a power cycle recuperating heat of low grade temperature, the Rankine
transcritical cycle is used because of the good thermal match of temperature and because of
the lower work achieved at the pump; this explains the scarce appearance of the transcritical
Brayton cycle in the literature whose entry properties impose higher compressor work.



1.2. SUPERCRITICAL CO2 CYCLES 9

More advanced cycles are used in practice. Two relatively simple cycle layouts are con-
sidered the basis in the case of supercritical cycles; the Recompression Cycle (RC) and the
Simple Recuperated Cycle (SRC) shown in Fig. 1.8 and Fig. 1.9. There is no consensus in
literature on which cycle shows the best thermodynamic efficiency. This is because of all
the various heat source existing to drive a supercritical CO2 cycle, there is not a fixed cycle
that can be suitable for all the heat sources [92]. A drawback of the SRC is the huge cycle
irreversibility due to the recuperator’s internal irreversibility. RC were thus introduced to
resolve this problem [9]. Moroz et al. [59] evaluated the thermodynamic performance of a
SRC and a RC as the bottom cycle of gas turbine. They found that the recuperated cycle
might be the best choice among the three candidates. However, Khadse et al. [35] analyzed
and optimized the performance of a SRC and a RC for waste heat recovery of gas turbine
from the perspective of thermodynamics and economics. In their analysis, it comes out that
the RC seems to outperform the SRC. But they also pointed out that the performance of the
bottom cycle was highly dependent with the characteristics of flue gas [44]. And according to
Kim et al. [36], the RC is suitable for nuclear or solar energy, but is not good for waste heat
recovery [44, 92].

Figure 1.8: T-s diagram and layout of the
Recompression Cycle [9]

Figure 1.9: T-s diagram and layout of the
Simple Recuperated Cycle [44]

The SRC only adds a recuperator whereas, for the RC, the recuperator is divided into
two sections; the low temperature one and the high temperature one. This cycle can start
from supercritical or subcritical conditions. Part of the flow from the low temperature recu-
perator in the low pressure side is recompressed to the high pressure side without entering the
cooler. The recompressed flow joins the main stream before the high temperature recuperator
and hence recuperators have unequal mass flow rates. Since the mass of the fluid is sufficiently
reduced in the high pressure side before recombination, the difference in constant pressure
specific heats values between the two pressure zones is compensated (this difference is causing
irreversibility especially in the low temperature recuperator) and the temperature at the exit
of the recuperator is higher than earlier [9].

Li et al. [44] have made a comparison between four types of supercritical CO2 cycles
layout going from the simplest type, the Simple Recuperated Cycle (SRC), to a slightly
more complex, the Partial Heating Cycle (PHC), to the most complex layouts, the Simple
Heated and Double Heated Cascade Cycles (SHC and DHC). Partial heating separates the
gas heater into the low temperature gas heater and the high temperature gas heater. In the
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Partial Heating Cycle, part of the flow absorbs heat in the recuperator while the other part is
preheated in the low temperature gas heater. The point is to reduce the exergy destruction in
the recuperator. As for the CO2 power Cascade Cycles, their layouts can vary substantially.
Nevertheless, the common feature of cascade CO2 power cycles is that there are two turbines
in the system with different inlet temperatures, namely low-temperature turbine (LTT) and
high temperature turbine (HTT). The Single Heated Cascade cycle possesses one gas heater
whereas the Double Heated Cascade cycle possesses two. A summary of six cycles belonging
to the four types of cycles described above is shown in Fig. 1.10, Fig. 1.11, Fig. 1.12, Fig.
1.13, Fig. 1.14 and Fig. 1.15 all coming from [44].

One can see that the number of components of the layout increases with its complexity.
Compared to the SRC, the PHC possesses one more component, whereas the SHC’s possess
two more and the DHC’s three more. Their analysis globally shows that the more complex
cycles present the best exergy efficiency (DHC II showed the best performance) while the
simplest (SRC) the worse. It should be noted that the PHC showed good exergy efficiency
with relatively simple layout. However the least compact cycles also show higher specific
investment cost.

Figure 1.10: SRC layout Figure 1.11: PHC layout

Figure 1.12: SHC I layout

Figure 1.13: SHC II layout
Figure 1.14: DHC I layout

Figure 1.15: DHC II layout

1.2.4 Economical aspects
Li et al. [44] showed that the economic and thermodynamic performances were in conflict
by nature, requiring compromises between the two aspects during the design. Even if the
development of supercritical CO2 cycles is only at its early stages, making the estimation
of the cost of components imprecise, they were able to conclude that the turbine had the
highest investment cost of the components and this investment increases with power generated
(idem for the compressor and consumed power). Logically, the higher performances of heat
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exchangers are achieved at the expense of larger heat transfer area and higher investment
cost. The compactness of s − CO2 turbomachines allows for the reduction of their cost. In
addition, compact heat exchangers whose smaller equipment sizes might result in smaller
carbon footprint could potentially have lower capital cost than a comparable SC’s [4].

However, in opposition to the lower turbine size in the supercritical CO2 cycles, the analysis
made by Ancona et al. [5] suggest that higher heat exchanger investment costs could be
expected for supercritical CO2 bottoming cycles rather than ORC’s, given the higher total
heat exchanger size, which can be more than three times the ORC’s configuration’s one. They
concluded that the overall investment cost is higher in the case of CO2 despite showing better
performances than ORC’s in their analysis.

1.3 Components
Special attention must be paid to components in supercritical CO2 cycles. Indeed, various
challenges due to high pressure operations, compactness of the components, among other
things, make the supercritical CO2 component design subject unique combinations of temper-
ature, pressure and size of components occurring in such cycles.

Due to high power density of turbomachines, it requires bearings to face high bearing
surface speed and high unit load (resulting from asymmetric pressure differences across volutes
and scrolls at off-design operation) [4]. Furthermore, another challenge lies in the casing design
of the turbines. Moreover, the need of dry gas seals at the end of the shaft requires a sharp
temperature gradient in the pressure containment near the ends of the casing, which is unique
to supercritical CO2 turbines. Furthermore, the complex nature of typical turbomachinery
case geometries requires to employ Finite Element Analysis (FEA) to design for pressure
containment [4].

In accordance with current research data, the maximum pressure allowed in the cycle is of
300 [bar] due to technological limitations [5] bounding the possible pressure ratio hence the
power potentially available from the cycle. In practice, this maximum is usually even smaller
since values of pressure ratios at the compressor hardly ever exceed 3 while the compressor
inlet pressure value stays close to critical pressure (e.g. Klemencic et al. [37] used a compressor
inlet pressure of 73.8 [bar] while having a maximum cycle pressure of 221.4 [bar] meaning a
pressure ratio of 3, which is relatively high compared to other values found in literature).

Static seals must also be of concern for turbomachines. In many cases, seals made of
elastomeric materials provide good option up to temperatures going to 315 [°C]. But these
materials, especially in the case of s − CO2 cycles, are at risk of explosive decompression
when fluid that has slowly absorbed into the material during pressurized operation expands
within the material during a decompression event leading to material failure [4].

1.3.1 Turbomachinery
Due to compact turbomachinery, the rotational speed of the latter is relatively higher compared
to other applications, particularly at relatively small power block scales [4]. Furthermore, due
to high pressures, high axial forces are in action [79]. Fig. 1.16 shows the scale difference
between s − CO2 turbines and steam turbines for the same power output.
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Figure 1.16: Turbine size comparison between s − CO2 and steam turbines for 10 [MWe]
output [17]

Compressor

One should first note that the distinction between pumps and compressor in s − CO2
applications is not relevant since the fluid densities at liquid, gas, supercritical (vapour-like
and liquid-like) states are all high [4]. Hence the terminology "compressor" is applied to
compressor as well as pumps. Compressors in CO2 applications are centrifugal ones for most
scales. However, both axial and centrifugal compressors can be used at the multi-hundred
MWe scale [4]. Compressors typically operate in the region surrounding the critical point
to take advantage of the reduced work due to fluid properties in this region (typically at
the top-left the the critical point in the liquid-like region by lowering inlet temperature).
This typically complicates the computational task of s − CO2 compressor design since fluid
properties change sharply and vary greatly from the ideal gas assumption requiring the use
of proper tables. Furthermore, since the compressor inlet conditions are very near the the
two-phase region, convergence issues might take place due to simulated phase change. Indeed,
locally inside the compressor, an increase in fluid velocity induces local static temperature
and pressure drop allowing for the local flow state to go under the saturation curve in the
two-phase region [4] as seen in Fig. 1.17. Currently, the effect of two-phase flows on compressor
performance for s − CO2 applications is in practice unknown, the principal obstacle that
the appearance of this flow causes is the fact that there is a lack of suitable computational
tools available to deal with high-speed non-ideal two-phase flows interacting with compressor
blades [71].

Figure 1.17: CO2 two-phase flow apparition within the impeller blade channel [72]
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The fact that small changes in intake conditions change greatly the properties of the
working fluid induce several important consequences to take into consideration. Recall that
the fluid can exhibit liquid-like or vapour-like behavior. These large volumetric variation of
CO2 in the region of interest for centrifugal compressors pose unprecedented challenges for
compressor design. When the compressor works in its gas-like form, the compressor loading
increases with a consequent reduction in the efficiency [71]. These sharp properties variation
also impact the impeller mechanical design; the high fluid density in s − CO2 impellers will
also affect the natural frequencies of blade-dominant modes and generates relatively high
aerodynamic loading amplitudes and large fluctuations in volume flow [4].

Turbine

Turbines are typically radial designs below 10 [MWe] and axial designs above 50 [MWe], with
overlapping designs in the 10 − 50 [MWe] range. The combination of very high pressures
in the turbine as well as elevated temperatures for some cycles require special matters for
material selection of s − CO2 turbines. Another consideration for material choice is possible
corrosion of CO2.

Furthermore, s − CO2 turbines are all the more vulnerable to over-speed hence requir-
ing a trip valve and protection system to prevent this phenomena. Because of the compactness
of the turbine and the low inertia of the turbine rotor, these turbines are highly sensitive to
sudden loss of electrical load. Moreover, due to the high power density of s − CO2 turbines,
the pressure loading on turbines blades has to be particularly taken into account. This issue
is also worsened by the relatively small size of the the wheels and shaft requiring particular
concerns for shaft attachment [4].

1.3.2 Heat exchanger
In s − CO2 application, the pressure ratio of the compressor is limited. Pressure losses in heat
exchangers should then be minimized because of their effect on the overall efficiency of the
cycle. Indeed, they directly decrease the pressure ratio of the turbine and then the extracted
power.

Heat exchangers must be designed to avoid pressure losses and that is why compact heat
exchangers are used. A compact heat exchanger is defined by a surface area density (i.e.
ratio of heat transfer area to heat exchanger volume) A/V > 700 [m2/m3] and hydraulic
diameter dh < 6 [mm] when the working fluid is gaseous according to Shah et al. [78]. As a
comparison a typical shell and tube heat exchanger (widely used due to its flexibility and
ability to withstand high temperature) from process industry has a surface density of less
than 100 [m2/m3]. Moreover, adopting compact heat exchangers allows a reduction of the
volume of heat exchangers. One of the benefits of s − CO2 cycles is the possibility to downsize
the turbomachinery. Using heat exchangers with high compactness significantly the volume
occupied which is necessary to attain compactness of the whole cycle.

Pressure losses reduction is not trivial. Indeed, there exists a trade-off between pressure losses
reduction, cost and heat duty [54]. A reduction of pressure drops is achieved by reducing the
wet surface of the heat exchanger, limiting the heat transfer. On the other hand, an increase
in heat duty increases the effectiveness ϵ of the heat exchanger and so the efficiency of the
cycle, at the cost of an increase in heat transfer area, inducing an augmentation of pressure
losses and cost. Because of the small scale application, the cost is also of importance and
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should be taken into account during the choice of the exchanger.

Kwon and al. [39] investigated the different technologies available for compact heat ex-
changers adapted for s − CO2 power cycle application. The Printed Circuit Heat Exchanger
(PCHE) is the most promising and most widely adopted heat exchanger in the field. This
type of heat exchanger is quite new as it has first been introduced in the market by the
Heatric Company in 1985 in Australia. It has first been used in the offshore industry and
Liquefied Natural Gas (LNG) plants where space and weight savings are of major importance.
It has then been used in helium and s − CO2 Brayton cycles, allowing for a reduction of 85
% in size compared to conventional shell and tube heat exchanger. The latter is not used
for s − CO2 due to the too high heat transfer surface required to reach an effectiveness of at
least 85 %. Reducing the channel diameter, a so-called Micro Shell and Tube heat Exchanger
(MSTE) is obtained with increased compactness. the drawback of this technology is the
high manufacturing cost due to the special welding operation required and the structural
issues that can occur due to tube buckling [39, 52]. Additive Manufacturing Heat eXchanger
(AMHX) is an other technology showing a promising potential. The additive manufacturing,
also called 3D printing, allows the fabrication of complex geometries. The heat exchanger is
manufactured into a single monolithic bloc by adding layer after layer of material in the form
of a powder. The reduced material shrinkage can make this technology cheaper than PCHE
[52]. The use of this kind of heat exchanger is quite complex as no hydraulic correlation have
been developed yet.

Printed Circuit Heat Exchanger

Printed circuit heat exchanger (PCHE) is widely used for s−CO2 applications in recuperators
due to its high heat transfer capacity, wide operation range and long-term structural integrity.
Being the most popular option, there exists various studies analyzing the behaviour of PCHE
for recuperator in s − CO2 cycle.

The PCHE is composed of a stacking of photochemically etched plates [32, 48]. This process
uses corrosive oxidation and does not alter the internal structure of the metal. The manufac-
turing process is similar to the one of electronic circuit printed board, hence the name PCHE.
The channels are usually semicircular, with a depth varying between 0.1 to 2.5 [mm]. This
shape of channels proved to provide the best heat transfer among the ones studied in [65]. The
etching process allows for a flexibility in geometry, allowing for various angle increment during
manufacturing process. The plates are then stacked and bonded together by diffusion bonding
at a temperature 0.6 to 0.7 times the melting temperature of the material used. Diffusion
bonding is a solid state welding technique by which two surfaces are bonded together under
high temperature and mechanical pressure in a protected environment. The pressure brings
two surfaces into intimate contact and the heat promotes grain growth through the interface
of the plates [41]. The process results in a compact exchanger core with high integrity. The
properties of the metal used for the manufacturing are conserved. On Fig. 1.18 a micrograph
of the crossflow section of a PCHE is shown. It can be seen that the grains of metal have
grown through the interface, building a monolithic bloc without mechanical defect at the
interface. It allows for an improved resistance to pressure difference.
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Figure 1.18: Micrograph of a PCHE section in
the crossflow region from Heatric [41]

Figure 1.19: Typical layout of a zigzag PCHE
from Heatric [41]

For the choice of material, most manufacturers use stainless steel to limit the cost. The operat-
ing temperature is then limited to 600 − 650 [°C] to avoid creep deformation. The occurrence
of creep deformation in the compact passage of PCHE can induce a flow passage blockage,
increasing the back pressure of the heat exchanger. At higher temperature nickel-based alloys
at titanium are used at much higher capital cost [14].

Currently four main types of PCHE configuration for flow passage have been developed
and studied in literature: straight channel, zigzag or wavy channel, channel with S-shaped
fins, and channel with airfoil fins (see Fig. 1.20). The thermohydraulic performances of those
four types of PCHE’s have been studied in [14, 48]. In most case the transfer area is the same
for the hot and cold side of the exchanger. However it is possible to design it using two plates
of hot fluid per plate of cold fluid , as in [61]. In some case, increasing the heat transfer area
on the hot side can increase the maximum heat transfer [32].

Figure 1.20: Four main types of PCHE’s from [14]
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Among those four channel configurations, the zigzag one is the most widely used. This
configuration improves the thermohydraulic performances and compactness at the cost of an
increase in pressure losses compared to straight channel. The S-shaped and airfoil PCHE have
discontinuous channels. The flow resistance is lower than for the zigzag channel for the same
heat transfer [48], inducing reduced pressure drop and avoids channel blockage as the flow can
go from one channel to an other [39]. The cycle efficiency is then increased by choosing this
channel configuration. However discontinuous channels are hard to manufacture, resulting in
a higher capital cost.

In [48], it can be seen that the zigzag PCHE is the one requiring the smallest volume
for a certain effectiveness. On Fig. 1.21, the evolution of the efficiency of the cycle as a
function of the Reynolds number (Re) can be seen for two recuperator effectiveness for the
four channel configurations. The volume is also indicated on the right axis. At low effective-
ness and low Reynolds number the efficiency stays the same no matter what configuration
is used because the effect of pressure losses on the cycle is negligible. At high Reynolds
and high effectiveness, the zigzag configuration shows poorer performance compared to the
discontinuous PCHE. However the volume with this geometry is always reduced by a factor
two compared to the other ones. The higher compactness induces a smaller cost and a faster
dynamic during transient. This is why zigzag configuration is generally preferred and is more
studied in literature [14, 48, 54, 61, 65, 77]. Hence Computational Fluid Dynamics (CFD)
results are available for model validation.

In the design of the recuperator, increasing the Reynolds number reduces the volume of the
PCHE but increases the pressure losses at a fixed effectiveness. At a fixed volume, increasing
the Reynolds number increases the effectiveness and pressure losses. Very high effectiveness
(higher than 0.95) is not recommended as the higher the gain in efficiency due to the higher
heat exchanged is counterbalanced by the loss due to the higher pressure drop. This is why a
range of Re between 15000 − 30000 and ϵ between 0.9 − 0.95 is recommended [48]. It can be
seen on Fig. 1.21 that at higher Reynolds number the gain in volume reduction decreases
while the induced pressure losses decreases the efficiency of the cycle. In [74], a s − CO2
recompression cycle with a two recuperators has been analyzed (see Fig. 1.8). The optimal
range of Reynolds number and effectiveness is Re between 32000 − 42000 and ϵ between
0.87 − 0.94 from a bi-objective optimisation of heat exchanger volume and cycle efficiency
using genetic algorithm.

Figure 1.21: Effects of Reynolds number on the cycle efficiency and the PCHE volume.
(a) ϵ = 0.75, (b) ϵ = 0.95 from [48]
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1.4 Dynamic modeling
Because of the sensible properties exhibited by s − CO2 and because of variation of waste heat
load received by the bottoming cycle, the dynamic behavior of the cycle is not fully understood.
Furthermore, the safe operation of the power block must be ensured by avoiding undesired
phenomena such as compressor surge/choking, turbine choking, extreme CO2 pressures and
temperatures, extreme shaft rotational speeds, etc [53, 82]. There exist several approaches for
dynamic modeling.

1.4.1 Dynamic models
Thermodynamic models

These kinds of models (also referred to as "white-box models" in [40]) are implemented when
enough physical knowledge is known about the system. These models are based on physical
laws. These are the constitutive equations, which are time-independent relations between
two physical quantities (e.g. isentropic compression/expansion) as well as the conservation
equations, which are time-dependent relations that describe conservation of mass (continuity
equation), momentum (motion equation) and energy (from the first law of thermodynamics)
[43, 40]. This type of model enables an overview of various physical system parameters (such
as pressure, temperature, etc) at various locations [29]. The complexity of physical models is
directly connected to their temporal and spatial dependency [40].

Black-box models

Black-box models are based on a completely empirical approach when little knowledge is
available about the physics of the system. The implementation of black-box models is usually
done by supplying a performance map of experimental points as a function of operating
conditions [64]. Black-box models are simply the functional relationships between system
inputs and system outputs. By implication, black-box models are lumped together with
parameter models. The parameters of these functions do not have any physical significance in
terms of equivalence to process parameters such as heat or mass transfer coefficients, reaction
kinetics, etc. This is the disadvantage of black box models compared to physical models.
However, if the aim is to merely represent faithfully some trends in process behavior, then
the black box modeling approach is very effective [95].

Important aspects of empirical modeling are data pre-conditioning, model complexity, model
linearity and model extrapolation. The various black box or empirical modeling techniques
are: partial least squares modeling, time series modeling, neural network modeling, fuzzy
modeling and neuro-fuzzy modeling. Process behavior is usually non-linear. Whether or not
the empirical model to be developed should also be non-linear depends on the operating range
in which the model will be used [80].

Hybrid models

Grey-box models combine the advantages of white-box and black-box methods to maximize
their accuracy. This is done by the introduction of performance maps for turbomachinery as
well as correlations for heat transfers of the heat exchangers (recuperator, waste heat recovery
unit, etc) and for the pressure losses in the case of turbine modeling [40].

Such models were used by Henke et al. [31] whose approach is a lumped parameter model
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approach. Its purpose is to achieve high simulation speed. Following this approach, it is
assumed that all properties are homogeneous within a component, such as temperature of a
gas volume or casing part. The recuperator being an exception, as its temperature profile is
discretized in flow direction. The idea of the lumped model is to characterise the processes
in the gas turbine with the steady-state values. They are characterised by a continuous
progression along the steady-state curves. This is also considered as a quasi-static behaviour
[29, 34].

This hybrid approach is now typical for mGT modeling [40].

1.4.2 Control
In order to achieve stable operation of the s − CO2 cycle and optimize the recuperated
power despite a variation of the waste heat load, the implementation of a control system is
essential. The first objective of the control system is to guarantee the operational stability of
the compressor by regulating the compressor inlet conditions. Then the power output of the
cycle can be controlled through the Turbine Inlet Temperature (TIT) and compressor inlet
temperature.

For mGT’s the cycle efficiency increases as the turbine inlet temperature increases. The
control strategy consist in keeping the TIT at a set temperature. For waste heat recovery
bottoming cycles, the TIT is mostly imposed by the flue gas from the mGT used as a heat
source.

The principal difficulty with the control of s − CO2 cycle is the non-ideal behaviour of
the fluid close to the critical point [63, 82]. Recall that the characteristics of CO2 vary rapidly
close to the critical point as seen in density variations which are shown on Fig. 1.3. As said
earlier, in order to maximize the power output, the Compressor Inlet Temperature (CIT)
should be kept as low as possible [2]. Indeed, thanks to liquid-like compressibility near the
critical point, the needed work at the compressor is reduced. The compressor must perform
less work to compress a more dense fluid. Reducing the lower temperature of a cycle also
increases its efficiency. The density is largely sensitive to a change in the temperature at the
compressor inlet. A change in CIT induces a change in pressure ratio. A large density change
in the compressor has two disadvantage: it changes significantly the compressor performances,
inducing pressure spikes in the system and could lead to compressor failure [82].

Low temperature control is the control of the inlet of the compressor temperature [82].
It is done by controlling the cold heat source mass flow rate in [2, 53, 63, 82], or using a
compressor bypass.

To control the performances of the cycle, the most promising strategy seems to be the
inventory control. The control variable is the mass of working fluid in the cycle, impacting the
density of the working fluid. It allows part load operation while maintaining cycle efficiency.
During power reduction, part of the working fluid is removed from the cycle, reducing its
density. This leads to a reduction in pressure and mass flow rate. It can be done using two
storage tanks as in [53] to remove mass of CO2 at the high pressure side or add some at
the lower pressure side. A reduction of the mass flow rate decreases the maximum pressure
and without inventory control the minimum pressure increases to compensate the density
reduction in the high pressure side [2].
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This strategy maximizes the power output at part at 50 to 90 % of the nominal power
according to Moisseytsev et al. [57]. This range of operating condition fits well our appli-
cation. It shows a limited degradation of the turbine isentropic efficiency compared to a
control strategy only based on the turbine rotation speed. Indeed, at constant rotational
speed, the fluid velocity remains fairly constant so the isentropic efficiency remains relatively
the same [82]. This experimental facility uses low temperature control by varying the mass
flow rate of water at the cold heat exchanger. An inventory tank is also placed before
the compressor to reduce the changes in pressure and prevent instability in compressor op-
erations. A drawback of inventory control is the modification of the lower pressure of the cycle.

Most of the controllers investigated for the control of s − CO2 cycles use Proportional-
Integral (PI) or Proportional-Integral-Derivative (PID) controllers. The PI controller achieves
a non-steady-state error and has a reduced sensitivity to high frequency disturbance [51, 53, 82].

1.5 Conclusion
With regard to matters expressed in this literature review, one finds the interest in evaluating
the dynamic behavior of a s − CO2 receiving transient heat load from a mGT. It allows future
research on the control or optimisation of such cycle, and it is important to assess the stability
of turbomachines during transient operations.

Special interest lies in the modeling of the compressor near the critical point and the heat
exchangers (in particular the recuperator) especially in off-design conditions due to the varying
properties of supercritical CO2.



CHAPTER 2

Potential of CO2 bottoming cycle

2.1 Introduction
To first investigate and estimate the gain of the addition of a CO2 bottoming cycle, we first
made a steady-state analysis. For this, we compared two CO2 cycles with different starting
states with two ORC’s with organic fluids compatible with the temperature range of the mGT
considered. The CO2 cycles are composed of one Brayton cycle where the fluid is supercritical
at any point of the cycle, and one Rankine cycle where the fluid is in supercritical conditions
during the heat addition process but where the heat rejection phase happens in subcritical
conditions. The ORC’s are both Rankine cycles where any state of the fluid is in subcritical
conditions.

2.2 Thermodynamic cycle
The cycle considered here is the Simple Recuperated Cycle as shown in Fig. 2.1. The fluid
going out of the compressor is pre-heated (going from State 2 to State 3) before entering the
Waste Heat Recovery Unit (WHRU) by the fluid going out of the turbine (going from State 5
to State 6). For the ORC’s, with their entry being below the critical point, the compressor is
replaced by a pump since the fluid is in liquid state. For a transcritical CO2 Brayton cycle,
the pressurizing component would still be a compressor since the entry of the compressor
would be in gaseous state. However, in the case here investigated, for the t − CO2 Rankine
cycle, both compressor and pump terminology are valid. Indeed, the distinction between
pumps and compressor in CO2 applications is not distinct since the fluid densities are high
for liquid, gas, and supercritical fluid states [4].

For the following analysis, the heat flux coming out of the heat source is imposed. We
know from [40], that the exhaust temperature is about Texh,in ≈ 270 [°C] and the mass flow
rate of the flue gas of the Turbec T100 is about ṁexh ≈ 0.79 [kg/s] and that the fuel/air
equivalent ratio is about ϕ = 0.13 [−] (which gives an excess air coefficient λ = 1

ϕ
≈ 7.7 [−]).

Furthermore, from [5], we know that the minimum temperature of the gas turbine exhaust
gases at the exhaust stack is limited to avoid the cold-end corrosion issues in the exhaust stack
and too much cooling would limit the preheating done by the recuperator. A trade-off must

20
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be thus found and the choice was made to cool down the exhaust gases to Tout = 135 [°C].
From this, the heat flux from the hot source Qh can be computed:

Qh = ṁexh(hexh(pamb, Tin) − hexh(pamb, Tout)) (2.1)
These enthalpies were computed using CoolProp and the exhaust gases were assumed to

be equivalent to air and at ambient pressure pamb = 1 [atm]. Indeed, the air excess being very
high, we have a very lean mixture at the exhaust of the mGT, hence a mixture composition
very close to air. With pure methane and complete combustion with air, N2 and O2 represent
96 % (in proportions close to air) of the molar and the mass composition of the exhaust gas
making this approximation valid. This heat flux is thus equal to Qh = 109.4 [kW ].

Recall from the definition of enthalpy that

dh =
(

∂h

∂T

)
p

dT +
(

∂h

∂p

)
T

dp , (2.2)

with
cp =

(
∂h

∂T

)
p

. (2.3)

For an ideal gas, the second term of the enthalpy expression is dropped hence

dh = cpdT . (2.4)

The exhaust flow considered in this analysis is approximated as air which itself can be
approximated as a ideal gas. Hence when computing the exhaust enthalpy, one can write

hexh,i = cp,exhTi , (2.5)

whereas for CO2 and the organic fluids (the working fluids in general represented by the
subscript wf), pressure must be considered hence

hwf,i = hwf (pi, Ti) . (2.6)

Figure 2.1: Simple Recuperated Cycle states and layout
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For all the different cycles investigated, where a pinch temperature is imposed, its value is
of Tpinch = 10 [°C]. For every cycle, this pinch is imposed at the Recuperator outlet for the
cold fluid (T6 = T2 + Tpinch). Thus, the enthalpy at the Recuperator outlet for the heated
fluid can be computed as follows thank to energy conservation and the fact that the mass
flow for the cold and hot fluid of this heat exchanger are the same:

hwf,3 = hwf,2 + (hwf,5 − hwf,6) (2.7)
From this value and the heat source heat flux, we can also compute the mass flow rate of

the working fluid of the bottoming cycle ṁwf assuming no heat losses:

ṁwf = Qh

hwf,4 − hwf,3
(2.8)

Furthermore, the cold source medium -water- (receiving the heat from State 6) is assumed
to have constant temperature which should be equal according to [37] Tcold = 12 [°C]. We
also assume for this first analysis no heat losses in the different components and no pressure
losses in the heat exchangers.

To compute the states in the compressor and the turbine, we used the isentropic efficiencies
of the compressor (ηis,C) and of the turbine (ηis,T ) and the states considering an isentropic
compression (hs

wf,2) and isentropic expansion (hs
wf,5):

hwf,2 = hwf,1 +
hs

wf,2 − hwf,1

ηis,C

(2.9)

hwf,5 = hwf,4 − ηis,T (hwf,4 − hs
wf,5) (2.10)

2.2.1 s − CO2 cycle
As explained in Section 2.1, in this cycle, CO2 is in supercritical conditions at every state.
This cycle is thus a Brayton cycle. The values of the isentropic efficiencies and fixed conditions
of the cycle are shown in Tab. 2.1 and were determined according to [37]:

ηis,C [−] ηis,T [−] T1 [°C] TIT [°C] p1 [bar] p2 [bar]
0.89 0.91 34 260 73.80 221.40

Table 2.1: s − CO2 fixed steady-state cycle parameters

The initial conditions assure supercritical conditions at the inlet of the compressor. The
pressure at the outlet of the compressor is bounded by the mechanical stresses that the
mechanical structure can sustain; it is thus a technological constraint. The Turbine Inlet
Temperature (TIT) is another fixed parameter in our analysis.

2.2.2 t − CO2 cycle
This cycle, as said in Section 2.1, is very similar to the supercritical cycle except for its entry
conditions hence for its heat rejection process which happens under subcritical conditions
thus explaining the lower values in the initial conditions as shown in Tab. 2.2:
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ηis,C [−] ηis,T [−] T1 [°C] TIT [°C] p1 [bar] p2 [bar]
0.89 0.91 24 260 64.34 221.40

Table 2.2: t − CO2 fixed steady-state cycle parameters

The CO2 passes through the two-phase region during the cooling process and is completely
liquefied. A pump is thus used to pressurize the working fluid. A special matter in this cycle
is thus the pinch point difficulty in the cooling section.

2.2.3 ORC’s
Here we only consider classic Rankine cycles where all the states are in subcritical conditions
as said in Section 2.1. There is thus evaporation of the working fluid during the heat addition
and condensation during the cooling process leading to the pinch point problem. This leads
to a significant mismatch of the two fluid states and generates a lot of irreversibility. Fig. 2.2
shows this problem during the heat addition process. Supercritical heat addition allows a
better thermal match between working fluid and heat source due to its temperature glide [47].

Figure 2.2: Temperature variation in the WHRU for ORC’s and t − CO2 cycles [86]

Considering the choice of the organic fluid, there are no strict rules for choosing the
appropriate fluid, there are only some recommendations to follow. First, what is called a
"dry" fluid is preferred (which is a fluid where ds

dt
> 0) since it assures that the fluid will be

only is gaseous state during the expansion as shown in Fig. 2.3c) on the contrary to wet
fluids. For an ORC with lower operating temperatures, dry and isentropic fluids show better
performances compared to the wet fluids [49].

Figure 2.3: T-s diagram for (a) wet fluid (b) isentropic fluid (c) dry fluids [49]
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Furthermore, the working fluid used in the cycle should be relevant to the temperature
of the heat source. Indeed, a value of the critical temperature quite similar or slightly
higher than the target evaporation temperature is suggested to simultaneously achieve good
thermal matching between fluids and exhaust gas and to avoid excessively low vapour den-
sities, which lead to increasing system cost [5]. Hence, the temperature at the TIT was
set to TIT = 0.97 · Tcrit. And the maximum temperature achieved by the working should
not exceed its thermal stability limit. It is better for cycle efficiency to have the critical
temperature of the organic fluid close to the maximum temperature of the heat source. The
freezing point of the organic fluid must be lower than the lowest temperature of the cycle [49].
Another indicator is the heat transfer capacity which determines the cost of the heat exchanger.

All of those things considered, R113 and R245fa are chosen as working fluids among those
suitable for the temperature range of the thermal source for the low value of the latent heat
of vaporization [69].

In regards to pressure, the cycle maximum pressure (obtained after the compressor) is
limited to 90% of the critical pressure. Hence, the choice was made to limit the maximum
pressure to p2 = 0.7 · pcrit. The minimum pressure however (condensing pressure) instead
mainly depends on the cooling medium temperature [5]. This pressure is the saturation
pressure at the condensation temperature. The state at the inlet of the compressor was
considered to be saturated hence the temperature at this state is the condensation temperature
which is defined by T1 = Tcold + Tpinch. The isentropic efficiencies (again according to [37]) as
well as the fixed parameters are summarized is Tab. 2.3 and Tab. 2.4 for R113 and R245fa
respectively.

ηis,C [−] ηis,T [−] T1 [°C] TIT [°C] p1 [bar] p2 [bar]
0.86 0.91 22 85.33 0.40 23.75

Table 2.3: R113 fixed steady-state cycle parameters

ηis,C [−] ηis,T [−] T1 [°C] TIT [°C] p1 [bar] p2 [bar]
0.86 0.91 22 52.81 1.33 25.56

Table 2.4: R245fa fixed steady-state cycle parameters

2.3 Energetic and exergetic analysis
To compare the efficiencies of the cycles, we have to compare them on an energetic level as
well as exergetic through different efficiencies showing a different aspect of the cycle. The
method used is based on [33] treating power cycles. One should note that the subscript wf
is dropped hence recall that hi = hwf,i = hwf(pi, Ti) and the exhaust gas notation becomes
hexh,i = hexh(pamb, Ti).
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2.3.1 Energetic approach
• Cycle efficiency: ηcyclen

Is defined as the ratio between the power cycle work and the calorific action undergone
by the fluid at the hot source.

ηcyclen = (h4 − h5) − (h2 − h1)
(h4 − h3)

(2.11)

• Waste Heat Recovery Unit efficiency: ηgen

Energetic efficiency involved in generating heat flow at the hot source using the flue gases
at the exit of the mGT. It is assumed equal to unity; all the heat flux from the exhaust
gases goes to the flow of CO2. One should note that this efficiency was initially defined
for Combustion Steam Cycles and Gas Turbine Cycles in [33] and not for waste heat
recovery cycles where combustion is not directly involved in the cycle. This efficiency
initially refers to the generation of heat flow at the hot source using primary power
(thus referring to the amount of fuel used in the cycle and the Lower Heating Value of
this fuel). Since combustion is not treated directly in the waste heat recovery cycle, this
efficiency cannot be taken into account hence its value is put to unity.

ηgen = ṁwf (h4 − h3)
ṁexh(hexh,in − hexh,out)

(2.12)

• Mechanical efficiency: ηmec

Assumed equal to 0.97 for the moment (since we don’t know the components yet).

ηmec = Pe

ṁwf ((h4 − h5) − (h2 − h1))
(2.13)

• Total efficiency: ηtoten

Product of all the 3 previous efficiencies; allows us to know the power production of the
considered cycle.

ηtoten = Pe

ṁexh(hexh,in − hexh,out)
= ηcyclen · ηgen · ηmec (2.14)

2.3.2 Exergetic approach
The exergetic approach offers a way to examine the degree of perfectibility of a transformation,
it adds a quality factor to energy tied to its thermal level. The exergy method does not
award the same value to all types of energy which are added and subtracted in energy balance
(irreversibilities generate less entropy when the fluid is at high temperature). The exergy is
thus defined as:

∆e = ∆h − T0 · ∆s (2.15)
With T0 equal to the temperature at the cold source (considered constant): T0 = Tcold =

12 [°C].

There are several origins of the irreversibilities in a power cycle:

1. Occurring during heat exchanges between working fluid and the heat carrying fluids at
the hot source, the cold source and the recuperator.
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2. Due to a finite conductibility which implies a non-zero temperature gradient to ensure
heat transfer.

3. From the losses due to mixing of identical/different substances at identical or not
pressure and/or temperature.

4. Due to viscous dissipation degrading mechanical energy (in particular kinetic energy in
turbomachinery).

5. From friction between contacting surfaces

The different exergetic effiencies are thus defined as follows:

• Cycles efficiency: ηcyclex

Ratio of work produced to the exergetic content of the calorific action provided by the
hot source.

ηcyclex = (h4 − h5) − (h2 − h1)
(e4 − e3)

(2.16)

• Rotationg apparatus efficiency: ηrotex

Viscous dissipation occurring during expansion/compression. This efficiency is expressing
that the value of the loss of enthalpy occurring in the turbine is worth less than loss
of exergy in the turbine. And that the value of the gain of enthalpy in compressor is
higher than gain of exergy in the compressor.

ηrotex = (h4 − h5) − (h2 − h1)
(e4 − e5) − (e2 − e1)

(2.17)

With this definition, ηcyclex can be re-written as:

ηcyclex = ηrotex
(e4 − e5) − (e2 − e1)

(e3 − e2)
(2.18)

• Heat transfer efficiency: ηtransex

Exergetic efficiency of the heat transfer between the flue gases and the working fluid
in the waste heat recovery unit. It expresses the irreversibility of energy transfer in a
heat exchanger; it amounts to the ratio between the increase in exergy flow rate of the
heated fluid and the decrease in exergy flow rate of the heating fluid.

ηtransex = ṁwf (e4 − e3)
ṁexh(eexh,in − eexh,out)

(2.19)

• Chimney efficiency: ηchimnex

Expressing the amount of exergy left at the chimney after the heat transfer with the
working fluid. The reference exergy used er is equal to the exergy at the reference
temperature T0. Again, this efficiency was defined for cycles with combustion hence its
name (kept the same for simplicity).

ηchimnex = eexh,in − eexh,out

eexh,in − er

(2.20)
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• Waste Heat Recovery efficiency: ηgex

Product of the heat transfer and chimney efficiencies; accounts for the loss of exergy
due to the difference of temperature between the hot and cold fluid (the smaller the
mean difference, the smaller the loss) as well as the non-zero exergy of the flue gases at
the chimney.

ηgex = ṁwf (e4 − e3)
ṁexh(eexh,in − er)

= ηtransex · ηchimnex (2.21)

• Total efficiency: ηtotex

Product of the mechanical, cycle and WHRU efficiencies; it amounts to the ratio of the
effective power produced within the plant to the primary exergetic power (here coming
from the exhaust gas from the mGT).

ηtotex = Pe

ṁexh(eexh,in − er)
= ηcyclex · ηgex · ηmec (2.22)

2.4 Effectiveness
For the heat transfer, we use the metric of effectiveness. It is defined by the ratio of the heat
exchanged in the heat exchanger by the maximum heat that could be exchanged in the heat
exchanger (if its area was infinite):

ϵ = Q

Qmax

= Q

Cmin · ∆Tmax

(2.23)

Where Cmin = min(ṁhcp,h, ṁccp,c) and ∆Tmax represents the maximal temperature differ-
ence that could exist if the heat exchanger was of infinite area, this temperature difference
being achieved by the fluid (heated or heating) undergoing the biggest temperature difference
between the two fluids hence the definition of Cmin. The temperature profile (assuming
constant heat capacity for the cold and hot fluid) are shown in Fig. 2.4 and 2.5 considering a
counter flow heat exchanger.

In this case, ∆Tmax = Th,in − T∞.

A(x) [m2]

T 
[K

]

T
Thot

Tcold

Figure 2.4: Heat exchanger temperature
profile example - ṁccp,c > ṁhcp,h

In this case, ∆Tmax = T∞ − Tc,in.

A(x) [m2]

T 
[K

]

T
Thot

Tcold

Figure 2.5: Heat exchanger temperature
profile example - ṁhcp,h > ṁccp,c

This example holds for a perfect gas (ideal gas with constant heat capacity hence dh = cpdT ).
In the case of a real gas as it is the case for the working fluids the effectiveness are defined
hereunder.
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• Recuperator
The heat exchanged Qrecup is defined as:

Qrecup = ṁwf (hwf (p5, T5) − hwf (p6, T6)) = ṁwf (hwf (p3, T3) − hwf (p2, T2)) (2.24)

The maximum heat exchanged possible between the heated and heating fluid in the
Recuperator if its area was infinite is expressed as follows:

Qmax,recup = ṁwf (∆hi)min , (2.25)

where (∆hi)min is defined as the minimum enthalpy difference of the fluid i (heated
or heating) to achieve the desired maximum temperature difference possible (T5 − T2).
This minimum is only put on the enthalpy difference due to the same value of mass flow
rate for the heated and heating fluid. (∆hi)min is equal to:

(∆hi)min = min [hwf (p5, T5) − hwf (p5, T2), hwf (p2, T5) − hwf (p2, T2)] (2.26)

Hence, the effectiveness can be expressed as:

ϵrecup,1 = hwf (p5, T5) − hwf (p6, T6)
hwf (p5, T5) − hwf (p5, T2)

= hwf (p3, T3) − hwf (p2, T2)
hwf (p5, T5) − hwf (p5, T2)

, (2.27)

when (∆hi)min = ∆hh, or

ϵrecup,2 = hwf (p5, T5) − hwf (p6, T6)
hwf (p2, T5) − hwf (p2, T2)

= hwf (p3, T3) − hwf (p2, T2)
hwf (p2, T5) − hwf (p2, T2)

, (2.28)

when (∆hi)min = ∆hc.

• Heat source
The heat exchanged Qhot is expressed as:

Qhot = ṁexh(hexh(Tin) − hexh(Tout)) = ṁwf (hwf (p4, T4) − hwf (p3, T3)) (2.29)

The exhaust is always evaluated at pamb hence the simplification of notation by not
including pressure (also, this can be neglected in the case of ideal gas assumption for
air). The maximum possible heat exchanged for the waste heat recovery unit is thus
expressed as follows:

Qmax,hot = (ṁi∆hi)min , (2.30)
where (ṁi∆hi)min is defined as the minimum heat flux difference of the fluid i (heated
or heating) to achieve the desired maximum temperature difference possible (Tin − T3).
The value of (ṁi∆hi)min is thus equal to:

Cmin = min [ṁexh(hexh(Tin) − hexh(T3)), ṁwf (hwf (p3, Tin) − hwf (p3, T3))] (2.31)

Hence the effectiveness also is defined according to two definitions:

ϵhot,1 = hexh(Tin) − hexh(Tout)
hexh(Tin) − hexh(T3)

, (2.32)

when (ṁi∆hi)min = ṁh∆hh, or

ϵhot,2 = hwf (p4, T4) − hwf (p3, T3)
hwf (p3, Tin) − hwf (p3, T3)

, (2.33)

when (ṁi∆hi)min = ṁc∆hc.
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• Cold source
The heat exchanged Qcold is defined as:

Qcold = ṁwf (hwf (p6, T6) − hwf (p1, T1)) (2.34)

Because of to the constant temperature cold source Cc = Cmax −→ ∞, the maximum
heat exchange becomes:

Qmax,cold = ṁwf (hwf (p6, T6) − hwf (p6, Tcold)). (2.35)

The effectiveness is thus expressed as:

ϵcold = hwf (p6, T6) − hwf (p1, T1)
hwf (p6, T6) − hwf (p6, Tcold) (2.36)

2.5 Results and discussion
A summary of the different energy and exergy efficiencies for the different cycles analyzed is
shown in Tab. 2.5. One can note that ηgen, ηmec and ηchimnex are not present. As explained in
Section 2.3.1, the value of ηgen was put to one in all the cycles. Also, the mechanical efficiency
was assumed identical for each cycle and its value is ηmec = 0.97 [−]. Furthermore, the chimney
efficiency are the the same for each cycle as seen in equation (2.20) since the heat flux is
imposed and identical for each cycle. Its value for each cycle is thus ηchimnex = 0.724 [−].

ηcyclen ηtoten ηcyclex ηrotex ηtransex ηgex ηtotex

s − CO2 0.200 0.195 0.525 0.812 0.964 0.698 0.355
t − CO2 0.247 0.240 0.716 0.890 0.870 0.630 0.437

R113 0.266 0.258 0.826 0.921 0.812 0.588 0.471
R245fa 0.195 0.189 0.797 0.912 0.617 0.447 0.346

Table 2.5: Energetic and exergetic efficiencies for the CO2 and organic steady-state cycles

One can observe a globally low energetic cycle and total efficiency for all the cycles and
especially for s − CO2 and R245fa, the R113 cycle being the best. Furthermore, the exergetic
cycle efficiency of the s − CO2 is the lowest amongst all the cycles, which makes it the most
penalizing parameter for the total exergetic efficiency for this cycle. This efficiency is higher
in the case of t − CO2 but still slightly below the values achieved for the ORC’s which are
very close to one another. This comments also justify the values obtained for the rotating
apparatus efficiency.

As for the heat exchange at the hot source, the R245fa cycle possesses the lowest effi-
ciency. In the case of this cycle, this is thus the most penalizing parameter for the total
exergetic efficiency. This is also the case for the R113 cycle which has the second low-
est heat exchange efficiency for the waste heat recovery unit. The t − CO2 cycle possesses
moderate performances for both the cycle and heat exchange exergetic efficiency even if the im-
pact of the heat exchange efficiency has greater impact on the total efficiency as for the ORC’s.

As for the different heat exchangers effectiveness (waste heat recovery unit, recuperator,
cold source), their values are summarized in Tab. 2.6.
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ϵhot,1 ϵrecup,1 ϵcold

s − CO2 0.972 0.765 0.472
t − CO2 0.764 0.868 0.832

R113 0.651 0.845 0.946
R245fa 0.583 0.669 0.940

Table 2.6: Effectiveness for the CO2 and organic steady-state cycles

The hot source and recuperator effectiveness are both defined (and for all the cycles
considered) according to the first definition given for their effectiveness, i.e. equation (2.32)
and equation (2.27) meaning the heating fluid will perform the minimum heat flux to achieve
the maximum temperature difference possible in the heat exchange. In the case of t − CO2,
this might not seem obvious due to the temperature profiles expressed in Fig. 2.7, but if the
exhaust was cooled further down, the pinch temperature would tend to be located at the left
of Fig. 2.7 after enough cooling of the exhaust. In the case of the recuperator, the definition
expressed in equation (2.27) is used because the specific enthalpy at constant pressure of CO2
and the organic fluids is lower at higher pressure for a given temperature (the specific heat
at constant pressure shows the same trend for CO2 but not in the case of the organic fluids
where it is the opposite). Hence, since the mass flow rate is the same on both sides of the
exchanger, the heating fluid experiences the sharpest temperature changes as seen in Fig. 2.6.

The effectiveness at the hot source is descending with each cycle investigated. A high
value for this effectiveness suggests a high area for the heat exchanger since the exchanged
heat at the hot source is known and is equal for all cycles (recall, from equation (2.1), we
computed Qh = 109.4 [kW ]). Hence for both CO2 cycles, the WHRU should possess a higher
area than for the ORC’s which is economically penalizing. However, a high effectiveness
for the hot source is advantageous because it suggest close mean temperatures between the
heated and heating fluid hence a high heat exchange exergetic efficiency as seen in the values
of ηtransex in Tab. 2.5. This confirms the efficiency performances regarding the heat exchanges.

As for the recuperator, the imposed temperature of the exhaust at the exit of the WHRU
limits the preheating needed by the working fluid before entering the WHRU. This impacts
the effectiveness of the recuperator. Indeed, the s − CO2, starting from a higher compressor
outlet temperature (COT), is in less need for preheating than the t − CO2 cycle hence a lower
recuperator effectiveness. For the ORC’s, their COT is about the same, but the enthalpy at
constant pressure is lower in the case of R113 allowing for a higher temperature change in the
recuperator hence a higher recuperator effectiveness.

Also, the effectiveness of the recuperator influences the heat given at the cold source due
to the enthalpy left at the recuperator outlet on the hot side. For s − CO2, since the value
of the working fluid at this heat exchanger is relatively high due to the inlet conditions at
the compressor inlet and because of a moderate recuperator effectiveness, a small value of
effectiveness is obtained for the cold source. The effectiveness at the cold source increases
sharply when considering t − CO2 because of the increase of recuperator effectiveness, the
subcritical compressor inlet conditions and because of the condensation process when heat
is rejected at constant temperature. The same can be said for the ORC’s (except for the
recuperator effectiveness of the R245fa). This high effectiveness again suggest a high heat
exchanger area this case in favor of the s − CO2 cycle.
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2.5.1 Heat exchanger temperature profiles
The temperature profiles in the heat exchangers are show on Fig. 2.6, Fig. 2.7 and Fig. 2.8.

Figure 2.6: Temperature profiles in the recuperator for the steady-state cycles

Figure 2.7: Temperature profiles in the WHRU for the steady-state cycles
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Figure 2.8: Temperature profiles at the cold source for the steady-state cycles

These graphs confirm what was said about the efficiencies and effectiveness. One can
observe the condensation and evaporation happening at constant temperature for the Rankine
cycles that limit the temperature glide of the working fluid.

2.5.2 T-s diagrams
The Temperature-Entropy diagram of the four different cycles are shown on Fig. 2.9. The
reason of the poor cycle efficiency presented by the s−CO2 cycle can be seen in these diagrams.
Indeed, the high temperature difference between the inlet and outlet of the compressor suggest
a higher compressor consumption because of the decreased density at the compressor inlet in
the case of the s − CO2 compared to the other cycles. This is in line with what was said in
Section 1.2.1 that show that s − CO2 can show liquid-like or vapour-like behavior. In this
case, the compressor works in the vapour-like region decreasing the cycle efficiency because
of increased power needed for the compressor. To limit this power consumption, one could
work closer to the liquid-like region by lowering the CIT and/or increasing the CIP. However,
increasing the pressure could result in the need of lowering the pressure ratio because of
mechanical stresses resulting in lower cycle efficiency.

A summary of the compressor/pump power consumption Pc,i, the effective power produced
Pe,i and the mass flow rate in the cycle ṁi for the ith fluid is shown on Tab. 2.7. One can see
a huge decrease in compressor power consumption between the s − CO2 and t − CO2 cycles
for a relatively same turbine enthalpy drop (as seen on Fig. 2.10). The ORC’s have very small
pump power consumption due their liquid state. The mass flow rate are relatively similar.
However, as seen on equation (2.8), the CO2 mass flow rate increases in the s − CO2 cycle
because the specific enthalpy slope at constant pressure decreases at higher temperatures as
seen on Fig. 2.11(a). For the ORC’s, the slope of the enthalpy at constant pressure in the
range of temperature considered is higher for R245fa than for R113 resulting in lower mass
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flow rate for R245fa as seen on Fig. 2.11(b).

Pc,i [kW ] Pe,i [kW ] ṁi [kg/s]
s − CO2 24.37 21.30 0.57
t − CO2 8.98 26.23 0.40

R113 0.87 28.25 0.50
R245fa 0.91 20.72 0.43

Table 2.7: Compressor/pump power consumption, effective power and mass flow rates for the
CO2 and organic steady-state cycles
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Figure 2.9: Temperature-Entropy diagrams for the CO2 and organic steady-state cycles
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Figure 2.10: T-s and h-s diagram for the CO2 and organic steady-state cycles
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Figure 2.11: Specific enthalpies in function of temperature
(a) CO2, (b) R113 and R245fa

2.5.3 Power losses
A summary of the exergetic losses decomposed into the main terms that make up the total
exergetic losses as seen in equation (2.22) is shown graphically in Fig. 2.12. These losses are
expressed according to the following expressions based on the exergetic efficiencies from the
equations (2.13), (2.16), (2.21) and (2.22):

PL,mec = ṁwf ((h4 − h5) − (h2 − h1)) − Pe (2.37)
PL,cyclex = ṁwf ((e4 − e3) − ((h4 − h5) − (h2 − h1))) (2.38)

PL,gex = ṁexh(eexh,in − er) − ṁwf (e4 − e3) (2.39)
PL,totex = ṁexh(eexh,in − er) − Pe = PL,mec + PL,cyclex + PL,gex (2.40)

The sum of these losses with the effective power Pe make up the total power Ptot. How many
percent make up each of these losses and power of the total power of the considered cycle is
what is shown in Fig. 2.12.
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Figure 2.12: Effective power and power losses for the CO2 and organic steady-state cycles
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This figure confirms what was discussed in Section 2.5 about where the losses came from;
mainly from the cycle for the s − CO2 cycles and from the heat transfer for the ORC’s and
t − CO2. Especially, because of the lower critical temperature of R245fa limiting its TIT, the
mean temperature difference between the exhaust gas and heated working fluid is the highest
amongst all the cycles hence exhibits the worse thermal performances.

2.6 Conclusion
To conclude this chapter, this analysis has shown the interest of using supercritical/transcritical
CO2 cycles in the context of waste heat recovery. The performances of the CO2 cycles have
proven to be of the same order of magnitude compared to the ORC’s (which are the main
technology used for waste heat recovery for the time being). But they need higher waste
heat recovery heat exchanger surface inducing higher costs which is especially economically
penalizing since this component has a high specific investment cost. However, as stated
in Chapter 1, ORC’s present some disadvantages such as thermal stability (whereas CO2
is a very stable component) and have a high global warming potential (GWP) compared
to CO2. More specifically, CO2 is competitive with the ORC’s thanks to its high density,
non-toxicity, the fact that it is inexpensive and non-flammable and is abundantly available
possibly provided by greenhouse gas sequesters [87, 5] Furthermore, Yoon et al. [93], high-
lighted that a CO2 recuperated cycle has higher performances at part-load operations than a
simple ORC. Other drawbacks of ORC’s compared to s − CO2 is their constant evaporation
temperature, which increases irreversibly during the heat addition process when using sensible
heat sources such as waste heat. In comparison, the supercritical heat addition process of a
supercritical/transcritical cycle can produce high efficiency temperature matching between
the sensible heat source and the working fluid, leading to no pinch limitations.

The transcritical cycle is more efficient but its implementation can be source of problems. In
terms of the isothermal condensation, a special matter is the pinch point difficulty in the
cooling section. If the temperature of the cooling water is given, the water mass flow of
the cooling medium has to be increased, in the case of t − CO2 cycle, to liquefy the CO2
compared to the supercritical cycle [37]. Due to its low critical temperature, the condensation
of CO2 is a vital problem in practice. CO2 power cycles have considerable potential for
low-temperature heat recovery if the proper heat sink is available for example Liquefied
Natural Gas (LNG) [94]. Furthermore, specifically for low-temperature transcritical cycles,
experiments in literature are scarce and available results display poor performances mainly
due to non-optimized turbomachinery [42]. Consequently, up till now, investigations on low
temperature heat source energy conversion systems with transcritical CO2 have been limited
to small-scale laboratory work [46].

Lastly, one should note that the cycles were not optimized hence better performances could
be achieved from them. However, the assumptions taken in a perspective of simplification
(no pressure and heat losses) will deteriorate their performances certainly in a unequal way.
Recall also that this is only a steady-state analysis. Furthermore, the pressure ratios between
the ORC’s and the CO2 cycles are orders of magnitude different but this is supported by
[37].



CHAPTER 3

Physical model

3.1 Introduction
In this Chapter, the physical model of the dynamic s − CO2 cycle modeled will be presented.
The methodology used for the modeling of transient operations consists in the decomposition
of the different thermodynamic components into different blocks to identify their main purpose
in the cycle. The different blocks (compressor, turbine, heat exchangers, shaft, controller,
inventory tank) of the Simple Recuperated Cycle shown in Fig. 2.1 will be detailed as well as
the methodology employed to model these blocks. With this, the different assumptions and
the governing equations used in this model will naturally also be featured. For clarity, the
numeration of the cycle states follows the same as the one used in the Simple Recuperated
Cycle Fig. 2.1.

The cycle selected is thus the SRC, widely accepted as the most promising cycle layout
for WHR at the range of temperature we are interesting in, between 200 and 300 [°C] [1, 11],
due to the good trade-off between efficiency and cost (associated with the complexity of the
cycle), as explained in Section 1.2.3.

3.2 General assumptions
For model simplification purpose, some assumptions have been made. Their explanations and
the justifications for their use will be expressed hereunder.

3.2.1 Pressure losses
Due to the limited compression ratio of s − CO2 cycles, pressure losses have a significant
impact on the cycle performances.

The Darcy–Weisbach equation (3.1) accurately models the regular pressure losses, i.e. the
pressure losses due to the friction along the length of a pipe caused by the fluid viscosity.
This is a general equation that can be used for all heat transfers.

36
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∆p = f
L

dh

ρc2

2 , (3.1)

with c the characteristic speed of the fluid in the pipe and f the friction factor that is not a
constant and depends on the characteristics of the pipe (hydraulic diameter dh and rugosity ϵ)
as well as the the ones of the flow (velocity c and dynamic viscosity µ). There exists various
correlations to express the friction factor as a function of the Reynolds number Re = ρc dh

µ

and the relative roughness of the pipes ϵ

dh

with dh the hydraulic diameter and ϵ the surface
roughness of the pipe surface, introduced by Colebrook, Gnielinski,etc.

To represent singular losses (pressure losses due to recirculation zones) caused by a bending
of the pipes or a change of direction of the flow, a coefficient for singular pressure losses ξ is
introduced, allowing for a more general expression for the pressure losses.

∆p = (f L

dh

+ ξ)ρc2

2 (3.2)

Pressure losses are physically connected to flow average velocity. Using the mass conservation
equation, the Darcy-Weisbach equation can be expressed in term of mass flow (3.3)

∆p = (f L

dh

+ ξ) ṁ2

2A2
eρ

(3.3)

This physical model of the pressure losses requires a precise knowledge of the geometry of
the installation and of the flow development. Due to the limited knowledge available for this
analysis, this model cannot be used. A simpler model should then be used.

For both heating and cooling heat transfers in the field of s − CO2, studies have been
carried out to simplify this model. It showed that pressure drops are mostly affected by the
inlet pressure Pin and the mass flow ṁ [67]. Experimental study near the critical point shows
that for temperature higher than the pseudo-critical temperature, pressure drops increases
with increasing inlet pressure [19] and increasing mass flow. Equation (3.3) highlights the
relation between pressure losses and the square of the mass flow. Consequently, head losses
can be quantified using the following model:

pout = (1 − γ ṁ2)pin (3.4)
∆p = pinγ ṁ2 (3.5)

This model express the relative pressure losses as a function of the mass flow rate across the
pipes and heat exchangers by the term (γ ṁ2). It requires a tuning of the γ coefficient for
all the components of interest. Due to the limited knowledge on the piping system of the
installation, the pressure losses of the pipes will be neglected or comprised in the pressure
losses considered in the heat exchangers. The γ coefficient will be determined based on the
relative pressure losses used in articles with experimental data to validate their simulation.
This tuning has been made for the heater, recuperator and cooler heat exchangers in Section
5.2.
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3.2.2 Exhaust composition
The exhaust composition was computed using complete combustion with air (whose molar
composition is of 21 % O2 and 79 % N2) equation with pure methane with excess air λ = 7.7 [−]
(see Section 2.2). The molar composition of the exhaust is summarized in Tab. B.1.

O2 % N2 % H2O % CO2 %
18 78 2.7 1.3

Table 3.1: mGT Exhaust composition

3.2.3 Leakage losses
No leakage of working fluid was considered in the dynamic analysis. However, one should
note that proper sealing of high pressure cycles such as supercritical cycles is represent a real
challenge. Basis elements of these are explained in Section 1.3.

3.2.4 Heat losses and neglect of heat accumulation
In the modelling of heat exchangers, the heat losses in the external wall of the heat exchangers
are neglected. The heat exchangers are insulated and designed to limit the area of those
external wall. Heat losses in the pipes and additional components is also not directly taken
into account. Furthermore, the heat accumulation in pipes and additional components was
not taken into account due to the lack of knowledge of the actual installation.

3.2.5 Low Mach number assumption
A factor limiting the Mach number M is the avoidance of the two phase region in the
compressor. From a practical point of view and assuming that condensation takes place
in equilibrium conditions, in order to avoid the appearance of the two phase region in the
compressor due to the local acceleration of the flow, the absolute Mach number at the throat
is limited [58]. Furthermore, the flow in the compressor shows a low relative Mach number
regardless of the low sound speed near critical point (due to the low compressibility factor and
isentropic exponent defined in (3.17) and (3.18) respectively and higher molar mass than air
as seen in equation (3.16)) hence the Mach number in the supercritical CO2 compressor can
still be considered low [16] (especially since because of the sharp variations of the isentropic
exponent and compressibility factor with pressure and temperature near the critical point,
the value of the speed of sound can show rapid increase as seen in Fig. 1.4). For mGT’s
the low Mach number assumption is taken and is reasonable since the flow velocities outside
turbomachinery components are usually kept below a Mach number of 0.3 to minimize pressure
losses. While flow velocities inside the compressor and turbine are higher, the implemented
model is based on turbomachinery maps, which account for all flow characteristics [31]. Results
show that the Mach number distribution for supercritical CO2 tends to have lower values
than in the case of ideal air for compressors [28], further justifying the use of the low Mach
number assumption which reduces complexity and calculation time. Due to this assumption,
the total and the static thermodynamic quantities are interchangeable in further sections
i.e. thermodynamic quantities with subscript 0 and thermodynamic quantities without this
subscript are confounded.
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3.3 Turbomachinery
To accurately predict the performance of the turbomachines used in the power cycle, their
performance maps must be known. The performance maps show the operating range and
the performance of a turbomachine at design and off-design conditions. These maps can be
constructed from rig test results or from numerical simulations. They allow for the knowledge
of the parameters of interest in turbomachines (mass flow, isentropic efficiency, rotational
speed and pressure ratio between the inlet and the outlet of the turbomachine). They usually
represent the pressure ratio in function of the mass flow rate for different iso-speed lines
and/or the iso-efficiency lines.

Dimensional analysis
The performances of the turbomachine can change drastically with the inlet conditions, hence
dimensional analysis is used to allow a single map. Turbomachinery performance is almost
always analyzed and tested with a fixed inflow condition. In other words, the assumption is
that the inflow fluid temperature and pressure is defined and unchanging over the map of
machine performance. Since varying conditions often exist in practice, the performance maps
are sometimes adapted. The practice of adapting is particularly important in the industry.
Mass produced turbomachines need to work in a huge range of ambient conditions and cannot
be customized for every environment [55]. An example of this correction is shown in Fig. 3.1.

Figure 3.1: Uncorrected and corrected mass flow rate example for turbomachinery
performance map [55]

Implicit in these corrections, is the assumption of perfect gas. This is a reasonable assump-
tion for turbocharger compressors, and most air compressors in general. This assumption
does not apply to our application for supercritical carbon dioxide, where the fluid properties
are highly nonlinear [55]. How to manage this difficulty will be presented in Section 3.3.1.

There are several metrics used to express the mass flow rate and the rotational speed
of the turbomachines to achieve a single map using dimensional analysis. One can express it
with the corrected (or referred) values, the reduced values (called quasinondimensional, since
they are derived from a truly nondimensional parameter but ignore constants, so they do have
dimensions) or the normalized values [27]. The corrected values are a mean of standardization
used to represent the operating parameters of the machine in atmospheric conditions at sea
level, on a normal day (e.g. 1 [atm], 288.15 [K]). The reduced values are derived from the
actual inlet conditions only. The advantage of this definition is that it does not involve any
reference value. The normalized values are often obtained from the normalization with the
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design operating point, but they are rarely presented on performance maps. [40]. A summary
of the different metrics can be found in Fig. 3.2 done in A. Laterre’s Master Thesis:

Figure 3.2: Definition of the standard metrics used in performance maps. p and T stand for
total inlet pressure and temperature, subscripts 0 and ref are respectively for atmospheric

conditions at Sea Level on a Standard Day and reference value (i.e. design value) [40]

Scaling of the Turbec T100 Performance Maps
In this Section and the following ones, the issue of correctly predicting the performance of the
turbomachines will be addressed. The model does not rely on any experimental data and
the compressor and the turbine used for the cycle analyzed don’t exist. The challenge will
thus be to use the performance maps used in A. Laterre’s Master thesis [40] (expressed with
reduced values) and adapt them to fit supercritical CO2 power cycles.

In his thesis, the compressor and the turbine performance maps of the Turbec T100 were
modelled. Thanks to the significant number of performance data that was available and
because of its simplicity, A. Laterre used a fitting method to express the global map shape.
A fitting pattern was tuned to capture the shape of the map by optimizing the regression
error. The results expressed with the reduced mass flow as the axis are shown in Fig. 3.3
for the compressor and Fig. 3.4 and Fig. 3.5 for the turbine. Since for the turbine map,
the polynomial and the exponential fit lead to unrealistic extrapolations for certain ranges
of speeds and expansion ratios, he introduced an hybridization i.e. for these range of poor
prediction, the predicted points were connected with straight lines.

Figure 3.3: Compression ratio and isentropic efficiency T100 compressor done by [40]
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Figure 3.4: Non hybridized and hybridized expansion ratio T100 turbine done by [40]

Figure 3.5: Non hybridized and hybridized isentropic efficiency T100 turbine done by [40]

Furthermore, the performance maps of the Turbec T100 give excessively high mass
flow rates due to the very high pressures occurring in supercritical cycles. The bottoming
compressor and turbine have been modeled by using properly scaled performance maps from
topping mGT, in order to replicate the off design working conditions as done in [70]. In this
way, it was possible to employ the same characteristic maps of the mGT rotating components,
just scaling them with nominal s − CO2 GT values. It was thus scaled as follows:

ṁcorr,CO2 =
ṁair

√
T/Tref

MW (p/pref ) = ṁcorr,air

MW
(3.6)

This thus means that, using the reduced values of the mass flow rate, we obtain:

ṁred,CO2 = ṁred,air

MW
(3.7)

Where MW 1 stands for the molecular weight of CO2. Its value is MWCO2 = 44.01 [−].
In this way, authors were able to employ the same characteristic maps of the mGT rotating
components, just scaling them with nominal s − CO2 GT values.

1The relative molecular masses are calculated from the standard atomic weights of each element. The
standard atomic weight takes into account the isotopic distribution of the element in a given sample (usually
assumed to be "normal"). Relative atomic and molecular mass values as defined are dimensionless. The
definition of molecular weight is most authoritatively synonymous with relative molecular mass [88].
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3.3.1 Compressor
The compressor performance map shows different aspects linked to the physical operations of
the compressor:

• Pressure ratio
The y-axis represents the compression ratio and the x-axis represents the mass flow
adapted with one of the metrics presented in Fig. 3.2. The work given to the rotating
shaft allows for the compression of the fluid from inlet pressure pc,in to pc,out. The
compression ratio represents the ratio of the outlet pressure to the inlet pressure:

PR = pc,out

pc,in

(3.8)

• Speed line
Different iso-speed lines are drawn on the map. They represent the shaft rotational
speed. The reduced rotational speed is thus expressed as follows:

Nred = N√
Tc,in

= 60ω

2π
√

Tc,in

(3.9)

• Surge line
The surge line represents the line connecting the minimum mass flow rates allowed for
each pressure ratio or for each speed line. Compressor surge is a form of aerodynamic
instability. The term describes violent air flow oscillating in the axial direction of a
compressor, which indicates the axial component of fluid velocity varies periodically
and may even become negative. On a performance map, the stable operating range
of a compressor is limited by the surge line. Although the line is named after a
surge, technically, it is an instability boundary which denotes onsets of discernible flow
instabilities [89]. Compressor surge has catastrophic consequences for the compressor.
The surge margin SM is a metric used to compute the distance between the surge line
(subscript s) and the operating point (subscript o). There are several definitions for
this metric. The most common expressions for the surge margin are expressed either at
constant rotational speed (3.10) or at constant mass flow (3.11). At constant rotational
speed, the surge margin (SM) is expressed by both total pressure ratios and mass flows,
whereas at constant mass flow, only the total pressure ratios are considered [68]:

SM = ṁo

ṁs

PRs

PRo

∣∣∣∣
n

(3.10)

SM = PRS − PRo

PRs

∣∣∣∣
ṁ

(3.11)

• Choke line
The choke line represents the line connecting the maximum mass flow rates allowed
for each pressure ratio or for each speed line. Choking of centrifugal compressor hence
occurs when the compressor is operating at low discharge pressure and very high flow
rates. These high flow rates at compressor choke point are actually the maximum that
the compressor can push through. Any further decrease in the outlet resistance will not
lead to increase in compressor output. As suggested by the compressor maps for a fixed
rpm value, compressor output increases as the outlet pressure at compressor discharge
drops down. This leads to increased gas velocity in the centrifugal compressor. The
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increase in gas velocity can occur until it reaches its maximum at sonic velocity if there
is no converging/diverging parts. When the gas velocity in any of the compressor parts
reaches close to sonic velocity, this is said to be the choke point [24].

• Isentropic enthalpy efficiency
Different iso-efficiency contours can also be drawn on the map showing the pressure
ratio at the y-axis or the y-axis can represent the efficiency for different iso-speed lines
(as done in Fig. 3.3). The expression of the compressor isentropic efficiency is expressed
as follows:

ηis,C =
hs

c,out − hc,in

hc,out − hc,in

(3.12)

This compares the actual enthalpy rise that must be given to the compressor for a given
pressure ratio to the ideal enthalpy rise in the case of an isentropic compression.

Map Correction Methodology

Assuming a single reference state for normalization is not valid for the compressor, which
instead operates close to the critical point. In this region, the real gas properties of the fluid
must be considered and the use of reduced quantities via normalization can lead to errors in
the compressor performance predictions. The thermodynamic properties of supercritical real
gas flows are a function of temperature and pressure contrary to ideal gas where properties
only vary with temperature. Near the critical point, the properties experience sharp changes
with small changes in pressure and temperature. The sharp changes in this region suggest
that the performance of the machine is highly dependent on these changes which underlies
the need for multiple performance map. Due to this, Marchionni et al. [53], implemented
a model considering multiple compressor maps at four reference states that span the whole
CO2 critical region (308.15 [K] at 70, 75, 80 and 85 [bar]). However, this could not be done in
this thesis since no experimental data at different inlet conditions of the compressor is available.

To account for the real gas behavior near the critical point where the compressor oper-
ates, there is the need to find a correction of the performance maps of the Turbec T100 at
the different inlet conditions. Especially since a low value of compressibility (which is the
case near the critical point) is beneficial to compressors as less energy is required to compress
the fluid. Pham et al. [66] have found out that the corrected enthalpy rise and the efficiency
remain relatively constant with respect to the change of inlet conditions. This fact can be
used at our advantage as further explained.

Enthalpy rise coefficient, Flow coefficient and Speed coefficient

The following methodology was based on the PhD Thesis of A-J. Martel Matos [56]. The
purpose of this thesis was to make preliminary sizing and design of a centrifugal compressor
for a 10 [MWe] waste heat recovery supercritical carbon dioxide Brayton power plant. But
modelling and achieving proper convergence at the design point was challenging due to the
proximity to the critical point. The thesis’s contribution is to provide a tentative solution to
the necessity of multiple compressor maps for non-ideal gas flows using dimensional analysis.
By expressing the performance map in terms of the flow coefficient versus enthalpy rise
coefficient for different corrected speed lines (defined by the speed coefficient), one can express
the performance of the machine within a single map, referred to as the Generalized Compressor
Map. The enthalpy rise coefficient Πh, the flow coefficient Πm and the speed coefficient ΠN
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are defined according to equations (3.13), (3.14) and (3.15) respectively:

Πh = ∆h0

T0,inRCO2Zns

(3.13)

Πm =
ṁCO2

√
T0,in

p0,in

√
ZRCO2

ns

1
D2 (3.14)

ΠN = N√
T0,in

D√
ZRCO2ns

(3.15)

The enthalpy rise coefficient is a dimensionless coefficient corresponding to the ratio of
the difference of total enthalpy between the outlet and inlet of the compressor to the square
of the speed of sound at the inlet of the compressor expressed for a real gas as:

a0,in =
√

T0,inRCO2Zns (3.16)

The flow coefficient is an adimensionalization of the mass flow rate using the compressibility
factor Z and the isentropic exponent ns as well as a diameter for length scale D. The
speed coefficient is an adimensionalization of the speed rotation with respect to these same
parameters. RCO2 is the ratio of the universal gas constant Ru = 8.3145 [J/mol/K] to the
molar mass of CO2; Mm,CO2 = 44.0098 [g/mol] giving a value of RCO2 = 188.924 [J/kg/K].

The compressibility factor Z and the isentropic exponent ns can be defined using equa-
tion (3.17) and (3.18) respectively. These terms are highly influential parameters for real gas
flows.

Z = pv

RCO2T
= p

ρRCO2T
(3.17)

ns = −v

p

(
∂p

∂v

)
s

= −γ
v

p

(
∂p

∂v

)
T

(3.18)

The compressibility factor Z is defined as the ratio between the actual specific volume of
the fluid to the specific volume it would have if considered an ideal gas. Ideal gases are defined
by values close to unity; under such conditions compressibility effects are less influential and
properties vary with temperature. As Z deviates from unity, the ideal gas assumptions break
down and the fluid behaves like a real gas, in which properties vary with temperature and
pressure [56].

The isentropic exponent definition is based on the isentropic relations -derived from (3.19)- for
a perfect gas where γ stands for the ratio of specific heat at constant pressure to the specific
heat at constant volume.

p

ργ
= const. (3.19)

But in the case of a real gas, the isentropic exponent ns is used instead of the ratio of
heat capacities. This substitution assumes a transformation with constant ns. Thus from
equation (3.20), one can derive equation (3.18):

p

ρns
= const. (3.20)

For a ideal gas (following p = ρRCO2T ), equation (3.18) reduces to ns = γ. The variation
of the compressiblity factor and the isentropic exponent for different conditions of pressure
and temperature can be seen in Fig. 3.6 and Fig. 3.7.
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Figure 3.6: CO2 compressiblity variations in function of
(a) temperature, (b) pressure

Figure 3.7: CO2 isentropic exponent variations in function of
(a) temperature, (b) pressure

These figures confirm what was said previously about the properties of the fluid experiencing
very sharp changes near the critical point. From the values of the compressibility factor, one
can see that supercritical CO2 at the conditions near the critical point is far from an ideal gas
hence this assumption cannot be used. The compressibility factor decreases with pressure and
increases with temperature which means from equation (3.17) that density increases when Z
decreases hence justifying the liquid density of the fluid near the critical point as seen in Fig.
1.3. The isentropic exponent tends to remain relatively constant even when pressure increases
when temperature is sufficiently high, hence the isentropic exponent shows little variations
between real and ideal gas regions for supercritical CO2.

Generalized Compressor Performance Map

Due to the convergence problems occurring when using Computational Fluid Dynamics (CFD)
using inlet conditions near the critical point, the author of the thesis [56] chose to model
the centrifugal compressor at another design point which lies in the supercritical region but
whose temperature and pressure are such that the perfect gas assumption can be used hence
allowing proper convergence (p = 10 MPa], T = 600 [K], Z = 0.98 [−] and ns = 1.27 [−]).
This point is referred to as partially dynamic for a geometrically similar machine. The
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geometry is fixed between the design point in the real gas region and in the ideal gas region
and is therefore geometrically similar. To find this second operating point such that it can
be called partially dynamic, a Scaling Methodology was introduced. The partial similarity
was achieved by marinating the flow and speed coefficients constant. Due to a geometry
constraint, the Reynolds number was not matched (the Reynolds number is mainly dependent
on the rotational speed and diameter of the machine, hence since the rotational speed is
fixed through the speed coefficient, while the diameter of the machine is a fixed geometry
parameter, it is not possible to match it), hence why the similarity is only partial, because for
two operating points to be fully dynamically and geometrically similar, all the independent
variables must match. However, the effects of the Reynolds number on turbomachinery are
well understood (it is known that the primary effects of the Reynolds number are reflected in
the efficiency) and were accounted for by using a correction formula as shown by equation
(3.21) and as presented by Sjolander [73]. It is important to understand that this correction
will only affect the efficiency when there is a large difference in Reynolds number between the
two operating conditions.

1 − ηP

1 − ηM

=
(

ReM

ReP

)n

(3.21)

n = 0.1 for centrifugal compressor M −→ Model
n = 0.2 for axial compressors P −→ Prototype

This allowed the author to derive a performance map for this design point linking the pressure
ratio to the flow coefficient as it is classically done for turbomachines.

As said previously, one can notice that the enthalpy rise coefficient remains relatively constant
between the partially dynamically operating points for different inlet conditions around the
critical point. Furthermore, it has been shown that despite modeling with different fluids (with
different values of γ, Z and ns (ideal versus real)) and despite different Reynolds number, the
enthalpy rise coefficient remained relatively constant. In particular, at the moment, it can be
shown that the enthalpy rise coefficient remains constant between air and CO2. The enthalpy
rise coefficient then becomes of great value to turbomachinery designers when it comes to
expressing the characteristic map. A constant value of enthalpy rise suggests the need to
create only one characteristic map. This unique map was referred in the PhD thesis to as the
Generalized Compressor Performance Map; expressing the map with the flow coefficient Πm

versus the enthalpy rise coefficient Πh.

The compressor performance map of the Turbec T100 (scaled according to equation (3.7))
can thus be of use. Since it was determined for air (for which the ideal gas approximation is
valid), it can be used as the performance map for the second design point in the supercritical
region that follow the ideal gas assumption. Hence, from that, the Generalized Compressor
Performance Map of the Turbec T100 compressor performance map can be deduced. The next
step, described below, is called the Projection Methodology. It allows to project the perfor-
mance map at the desired inlet conditions from the Generalized Compressor Performance Map.

Fig. 3.9 shows the Generalized Compressor Performance Map derived from the Turbec
T100’s initial performance map scaled according to equation (3.7) showing the pressure ratio
in function of the reduced mass flow rate shown in Fig. 3.8. For the Generalized Performance
Map, the length scale diameter used to obtain the flow coefficient is worth D = 100 [mm],
derived from the dimensions of the impeller of the centrifugal compressor designed in [56].
This was chosen for the purpose of representation of the maps. In practice in our analysis the
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size of this diameter does not have an impact since it will cancel itself. One should note that
Fig. 3.9 represents the isentropic enthalpy enthalpy rise coefficient Πs

h defined in equation
(3.22). The impact of the efficiency will be accounted for in the Projection Methodology.

Πh = hout − hin

a2
in

= hs
out − hin

a2
inηis,C

= Πs
h

ηis,C

(3.22)
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Figure 3.8: Initial T100 Compressor Map
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Figure 3.9: Generalized Compressor Map

Projection Methodology

As said previously, the Projection Methodology allows the designer to derive any map for any
combination of total inlet pressure p1 = pproj,in and total inlet temperature T1 = Tproj,in in
terms of the pressure ratio from the Generalized Compressor Performance Map. For that, the
following steps have to be followed again according to [56]:

□ Step 1
Choose the total inlet conditions of the compressor which are called the Projection Point
(pproj,in, Tproj,in).

□ Step 2
Using CoolProp, compute the following properties for the inlet state:

aproj,in = f(pproj,in, Tproj,in) (3.23)

ρproj,in = f(pproj,in, Tproj,in) (3.24)
hproj,in = f(pproj,in, Tproj,in) (3.25)
sproj,in = f(pproj,in, Tproj,in) (3.26)
µproj,in = f(pproj,in, Tproj,in) (3.27)

□ Step 3
Choose a point in the Generalized Compressor Performance Map: (Πh, Πm)GM and its
corresponding values for (ΠN , ηis,C)GM .

□ Step 4
Compute the rotational speed Nproj and the mass flow ṁproj of the Projection Point.
Recall that from similarity, the Flow and speed coefficients remain constant:

ΠN,proj = ΠN,GM (3.28)
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Πm,proj = Πm,GM (3.29)
Hence, Nproj and ṁproj can be found using equations (3.15) and (3.14).

□ Step 5
Compute the Reynolds number of the Projection Point (3.30) and for the inlet conditions
of the Generalized Map (3.31).

Reproj = ρproj,iNprojD
2

µproj,i

(3.30)

ReGM = ρGMNGMD2

µGM

(3.31)

□ Step 6
Apply Reynolds number correction to CFD efficiency as seen in equation (3.21).

ηproj = 1 − (1 − ηGM)
(

ReGM

Reproj

)0.1

(3.32)

With respect to equation (3.21), n = 0.1, since the Turbec T100 compressor is a
centrifugal compressor.

□ Step 7
Compute the isentropic total enthalpy difference at the Projection Point ∆hs

proj from
using the fact that the enthalpy rise coefficient remains constant.

Πh,proj = Πh,GM (3.33)

Πs
h,proj

ηproj

=
Πs

h,GM

ηGM

(3.34)

Hence ∆hs
proj can be found from equation (3.13) and is expressed as follows:

∆hs
proj = Πs

h,GM

ηproj

ηGM

a2
proj,in (3.35)

The total enthalpy at the outlet of the compressor hproj,out is thus found:

hs
proj,out = hproj,in + ∆hs

proj (3.36)

□ Step 8
Use CoolProp to compute the outlet total pressure pproj,o hence the pressure ratio PR:

pproj,out = f(hs
proj,out, sproj,in) (3.37)

PR = pproj,out

pproj,in

(3.38)

□ Step 9
Repeat Steps 3 to 8 until all desired operating points in the Generalized Map have been
converted to pressure ratio versus Reduced mass flow for the new Projection Point.
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Fig. 3.10 and Fig. 3.11 show the compressor performance maps expressed in the "usual" way
i.e. in function of the pressure ratio versus the reduced mass flow rate for the different reduced
speed lines. The iso-speed lines represented are deduced from the iso-speed lines in Fig. 3.9.
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Figure 3.10: Projected Compressor Map
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Figure 3.11: Projected Compressor Map
Tproj,in = 308.15 [K] - pproj,in = 90 [bar]

These maps suggest that the performance of the machine vary with inlet conditions as
one would expected. These changes can be seen through the speed lines. The different
speed lines achieved a different pressure ratio for each of the inlet conditions. We see from
these figures that when the inlet pressure increases, the maximum pressure ratio achievable
increases as well. This is due to the density of the fluid. Reduced compressibility (with
pressure), induce less work needed for a given pressure rise. The maximum reduced mass
flow achievable also increases with pressure increasing (so does the mass flow rate) especially
due to the increase of the isentropic exponent and the decrease of compressibility. Lastly,
one can observe that the reduced speed lines obtained from the same speed coefficient show
higher values when the inlet pressure increases hence it is the same for the speed lines
(since the inlet temperature for the three cases is the same). This is because, although
the compressibility factor decreases, the isentropic exponent increases further so that in the
end the value of reduced speed lines increases with the inlet pressure as seen in equation (3.15).

Fig. 3.13 shows the efficiency of the Surge line and the Choke line for different pressure inlet
conditions.
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These lines bound the efficiencies achievable for the minimum mass flow and the maximum



3.3. TURBOMACHINERY 50

mass flow possible for each speed line as seen on Fig. 3.12 that shows the initial efficiency
map when ideal gas assumption (IG) is used.

One can see that the maximum and the minimum efficiency achievable slightly reduces
when the inlet pressure increases and the mass flow rate increases.

Limitations of the method

The Projection Methodology is valid within the region where the isentropic exponent (ns)
remains constant even if the enthalpy rise coefficient was shown to remain constant for different
values of ns. Therefore, the use of the isentropic exponent in the speed coefficient and in the
flow coefficient must follow the same assumption. The accuracy of the Projection Methodology
in the region where the isentropic exponent varies is unknown; the author of [56] suggests
further investigation is recommended to fully understand the effects of the isentropic exponent
changes in these regions. When projecting maps to a region near the critical point, which
often happens in the case of most compressors designed for s − CO2 Brayton cycles, there is
a possibility that the maps will incorporate low variations between projected map and actual
CFD simulations. This hypothesis could remain true as the isentropic exponent shows small
changes between ideal gas region and real gas region. But the points we choose for two of
the three projected maps have too low inlet temperatures for to high inlet pressures thus
show large difference of isentropic exponent in comparison with the ideal gas point used in to
make the Generalized Map; Fig. 3.7 suggests that performance maps that are projected to
pressures above the critical pressure and temperatures too low for the isentropic exponent to
be constant can potentially have a higher error due to the sharp changes in ns value. This
has an impact on the projected reduced mass flows and the projected reduced speed lines but
not on the projected pressure ratio since as said earlier, the enthalpy rise coefficient remains
constant even for different values of ns. This is why, in [56], the maps are represented using
the flow coefficient and the speed coefficient that remain the same between each maps for
each Projection Point because of partial similarity with the Generalized Map. However, in the
compressor block where the mass flow rate must be known, the change in isentropic exponent is
accounted for because the range where the compressor is of use in the cycle analysis assumes a
pressure relatively close to the critical pressure with a temperature following the pseudo-critical
line (introduced in Section 1.2.1) such that the isentropic exponent does not exibit sharp
changes. Furthermore, the change in the isentropic exponent is even more attenuated since its
use is squared in the expressions of the flow coefficient (3.14) and of the speed coefficient (3.15).

Furthermore, during the compression process, the isentropic exponent and the compressibility
factor experience changes between the inlet and the outlet and further investigations are
required to understand the effects of this change. To be more accurate, one should use an
averaged value of ns between the inlet and outlet state of the compressor. But this would
require an iterative process since the outlet state is unknown. The author of [56] and Pham
et al. [66] both use the isentropic efficiency at the inlet of the compressor in their approach.

Finally, the investigation validated the Generalized Compressor Map for two different fluids
down to a compressibility factor of Z = 0.65 [-]. Further investigation is required near the
critical point to validate the Generalized Compressor Map for low values of Z. Just like the
Generalized Compressor Map, the Projection Methodology methodology has been validated
down to a compressibility factor of Z = 0.65 [-].
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Compressor block

Figure 3.14: Inputs and outputs of the compressor block

The compressor provides compressed
CO2. Using the inlet conditions of
temperature and pressure, the pres-
sure ratio as well as the shaft rota-
tional speed, the block provides the
outlet temperature, the mass flow of
the compressor as well as the power re-
quired to drive the compressor. From
the inlet conditions and the pressure
ratio desired, the adaptation of the
Projection Methodology provides us
with the CO2 mass flow rate as well
as the efficiency.

Computation of the mass flow rate and the efficiency

One must not derive the entire map for each inlet conditions encountered at the compressor
but instead one point of the map is projected to derive the projection mass flow and the
projection efficiency. But in this case an iterative procedure must take place. The steps to
follow are as such:

□ Step 1
The pressure ratio and the rotational speed wanted as well as the inlet conditions
constitute the projection point (pproj,in, PRproj, Tproj,in, Nproj).

□ Step 2
Using CoolProp, compute the inlet properties for the inlet state as done in the equations
(3.23), (3.24), (3.25), (3.26) and (3.27).

□ Step 3
Use CoolProp and the pressure ratio PRproj to find the isentropic total enthalpy rise
and the projected isentropic enthalpy enthalpy rise coefficient:

pproj,out = PRproj pproj,in (3.39)

hs
proj,out = f(pproj,out, sproj,in) (3.40)
∆hs

proj = hs
proj,out − hproj,in (3.41)

Πs
h,proj =

∆hs
proj

a2
proj,in

(3.42)

□ Step 4
Recalling from equation (3.33) that the enthalpy rise coefficient remains constant between
the Generalized Map and the Projection Point. Since the total enthalpy rise also depends
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on the efficiency, which is not known, an iterative procedure must take place. As a first
approximation, we assume that the efficiencies between the Generalized Map and the
Projection Point match (ηGM = ηproj). Hence, the guess of the first coordinate of the
Generalized Map, Πs

h,GM,guess can be found from equation (3.34):

Πs
h,GM,guess = Πs

h,proj (3.43)

□ Step 5
To find the second coordinate of the Generalized Map, the projection rotational speed is
used Nproj and using partial similarity -from equation (3.28)- to find the speed coefficient
ΠN,GM .

□ Step 6
Using the Generalized Map represented in Fig. 3.9, the efficiency ηGM,guess and the flow
coefficient Πm,GM,guess of the point (Πs

h,guess, ΠN)GM can be found.

□ Step 7
Compute the Reynolds number of the Projection Point (Reproj) (3.30) and the Reynolds
number for the inlet conditions of the Generalized Map (ReGM) (3.31) and apply the
Reynolds number correction to CFD efficiency as in equation (3.32) to find ηproj,guess.

□ Step 8
Use partial similarity again -from equation (3.29)- to find the guess for the projected
mass flow ṁproj,guess.

□ Step 9
Compute again the isentropic enthalpy enthalpy rise coefficient of the Generalized Map
with the two guesses obtained for the efficiencies as in equation (3.34):

Πs
h,GM,new = Πs

h,proj

ηGM,guess

ηproj,guess

(3.44)

□ Step 10
Repeat Step 4 up to Step 9 until the isentropic enthalpy enthalpy rise coefficient of
the ith and (i + 1)th iterations converge i.e. they are close up to an error ϵ:

|Πs
h,GM,i+1 − Πs

h,GM,i| < ϵ (3.45)

Using these steps, the mass flow rate at the compressor ṁc = ṁproj and the compressor
isentropic efficiency ηis,C = ηproj at the desired inlet conditions can be found using only one
performance map.

However, using an iterative procedure can be time consuming. Hence an approximation
is used; as said earlier, the correction of the efficiency shows significant impact only if the
Reynolds number difference between the projected point and the design point show a large
difference. Using the approximation used in the first guess which is that the efficiencies are
the same, one obtains a very good approximation for the isentropic enthalpy enthalpy rise
coefficient for the Projection Point and for the Generalized Map. For this parameter, the
efficiency are assumed the same but the correction of the efficiency of equation (3.32) is still
applied afterwards. Fig. 3.15 show the efficiency relative error erel defined in equation (3.15)
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for the different reduced speed lines for the two inlet conditions (shown in Fig. 3.10 and Fig.
3.11) used in the illustration of the Projection Methodology.

erel = 100 · |ηGM − ηproj|
ηGM

(3.46)
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Figure 3.15: Relative difference between projected efficiency and Generalized Map efficiency
for different projected performance maps

(a) Tproj,in = 308.15 [K] - pproj,in = 76 [bar], (b) Tproj,in = 308.15 [K] - pproj,in = 90 [bar]

One can observe a rapid decrease of the maximal error for a given speed line when the
speed lines value increase. For higher speed lines the relative error is relatively small whereas
for the lower speed lines this value can show significantly high values. Furthermore, the
relative error tends to slightly increase when the inlet pressure increases. Fig. 3.16 shows the
relative error between the exact (subscript e) and the approximated (subscript a) Projection
Methodology of the efficiency as defined in (3.47), as well as the relative error of the mass flow
rate and the power needed for the compressor as defined in (3.48) and (3.49) respectively for
typical inlet conditions obtained in the compressor.

erel,η = 100 · |ηproj,e − ηproj,a|
ηproj,e

(3.47)

erel,ṁc = 100 · |ṁc,proj,e − ṁc,proj,a|
ṁc,proj,e

(3.48)

erel,Pc = 100 · |Pc,proj,e − Pc,proj,a|
Pc,proj,e

(3.49)

One can observe that the relative errors increase with the inlet temperature but tend to
decrease with pressure. This error never exceeds 3.1 % for all the errors investigated. However
further investigations are needed to acknowledge the impact of using the approximated method
on the whole cycle. And the author of [56] suggests further investigations are needed to validate
the Reynolds number correction used in the exact Projection Methodology. Furthermore, Pham
et al. [66] neglected efficiency difference as they acknowledged small variation of efficiency at a
given set of dimensionless mass flow rate and speed (flow coefficient and speed coefficient), this
further motivates the use of the approximated Projection Methodology in the compressor block.

Fig. 3.17 and Fig. 3.18 show the changes brought by the Projection Methodology.
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Figure 3.17: Compressor isentropic efficiency variations in function of
(a) temperature, (b) pressure, ideal gas vs real gas
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Figure 3.18: Compressor mass flow rate variations in function of
(a) temperature, (b) pressure, ideal gas vs real gas
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Fig. 3.17 and Fig. 3.18 show how the approximated Projection Methodology changes the
values of efficiency and mass flow rate in comparison to the ideal gas case where the map of
the Turbec T100 compressor were directly used.

The impact of the pressure is not monotonous and highly depends on the temperature
in the case of efficiency. However, globally for the temperatures of interest, the isentropic
efficiency tends to decrease with temperature. One can note the huge instabilities when the
pressures and/or the temperatures approach the critical pressure/temperature. The mass flow
rates in the case of real gas (RG) behavior are always increased compared to the compressor
used with an ideal gas (IG) such as air, and they increase even more with pressure but decrease
with temperature. Overall, the compressor efficiency is always increased for real gas behavior.
However these values can vastly vary when changing the rotational speed and/or the pressure
ratio making the impact of real gas behavior of the compressor hard to predict. Furthermore
as explained earlier, the validity of the method lies in the region where the isentropic efficiency
remains relatively constant. Since in equations (3.14) and (3.15), the isentropic exponent is
squared, the following conditions was fixed to evaluate when the isentropic exponent of the
projected point deviates too far from the isentropic exponent of the Generalized Map:

|√ns,GM − √
ns,proj|

√
ns,GM

< 10 % (3.50)

From equation (3.50), one can see that Fig. 3.17(a) and Fig. 3.18(a) are pretty accurate
because the above condition is satisfied for all the temperature investigated in the graph when
p = pcrit and for p = pcrit + 3 [bar], the minimum temperature before the isentropic exponent
increases too much is Tmin = 306.74 [K]. Hence one can say that most of the values computed
in Fig. 3.17(a) and Fig. 3.18(a) are accurate (respectively 100 % and 86.66 %). However, for
Fig. 3.17(b) and Fig. 3.18(b), the accuracy sharply decreases when temperature decreases.
Indeed, for T = 36 [°C], all of the values computed are deemed accurate, but for T = 34 [°C]
and T = 32 [°C], only 83.0 % (i.e. when pressure rises above pmax = 77.1 [bar]) and 44 % (i.e
when pressure rises above pmax = 75.54 [bar]) satisfy the accuracy condition. The method
accuracy is thus less sensitive to pressure than temperature. This should be kept in mind
for further analysis of the cycle. This means that the compressor should be working in the
supercritical vapour-like region (going away from the critical temperature while staying close
to critical pressure).

Temperature computation

The temperature of compressed fluid Tcomp can be found using compressor outlet pressure
p2 = pproj,out and the compressed fluid enthalpy hcomp = hproj,out found with the compressed
fluid isentropic enthalpy hs

comp = hs
proj,out, the compressor inlet enthalpy h1 = hproj,in, the

compressor isentropic efficiency ηis,C = ηproj as well as the entropy at the compresor inlet
s1 = sproj,in:

hs
comp = f(p2, s1) (3.51)

hcomp = h1 +
hs

comp − h1

ηis,C

(3.52)

Tcomp = f(p2, hcomp) (3.53)

In order to account for the heat transfer aspects to find the compressor outlet temperature T2,
one should integrate the thermal capacitance of the compressor. The thermal capacitance is
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related to the energy storage capacity of the compressor casing. If the rate of flow of heat into
a system is Q1 and the rate of flow out Q2 then the rate of change of internal energy of the
system is Q1 − Q2. An increase in internal energy can result in a change in temperature [25]:

Q1 − Q2 = m · c
dT

dt
, (3.54)

where m is the mass and c is the heat capacity. The product of the two gives the thermal
capacitance C = m · c. In our case, to model the heat transfer, the thermal capacitance can
be assumed to be a virtual casing capacitance. Hence the energy balance of the casing is
expressed as follows as done in [40]:

dT2

dt
= ṁc(hcomp(p2, Tcomp) − h2(p2, T2))

mcas,C ccas

, (3.55)

where mcas,C and ccas represent the casing mass and the casing specific heat capacity making
the casing thermal capacitance. The specific heat capacity of the casing and the value of
the casing mass of the compressor are selected in Chapter 5. Since no experimental data is
available to calibrate the casing mass, this will be estimated.

Power computation

With the mass flow rate ṁc computed here above, as well as with the compressed fluid enthalpy
hcomp and the compressor inlet enthalpy h1, one can derive the required power consumption
to drive the compressor Pc:

Pc = ṁc(hcomp(p2, Tcomp) − h1(p1, T1)) (3.56)
As seen, on Fig. 3.19, the power needed to drive the compressor is always higher considering
real gas behavior (for the same inlet conditions) in the supercritical region. As expected,
increasing the inlet pressure and/or decreasing the inlet temperature increases even more the
power needed over ideal gas behavior. This is especially due to the increase of mass flow rate
of the real gas despite the higher efficiency in the case of real gas behavior. However, the
work needed for the compressor for the same conditions is always smaller (except for the two
small peaks at 32.5 [°C] due to efficiency instabilities) for the same conditions in the case of
real gas behavior. In line with what was said in Section 1.2.1, when pressure increases and
temperature decreases, the compressor work decreases as seen in Fig. 3.20. This shows that
the trends displayed by the mass flow comparing real gas and ideal gas behavior dominate on
the power.
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Figure 3.19: Compressor power variations in function of
(a) temperature, (b) pressure, ideal gas vs real gas



3.3. TURBOMACHINERY 57

305.0 307.5 310.0 312.5 315.0 317.5 320.0 322.5 325.0
T [K]

15

20

25

30

35

40
W

c [
kJ

/k
g]

N=50000 [rpm] and PR=1.9 [-]

IG p=pcrit

IG p=pcrit + 3[bar]
RG p=pcrit

RG p=pcrit + 3[bar]

74.0 74.5 75.0 75.5 76.0 76.5 77.0 77.5
p [bar]

16

18

20

22

24

26

28

30

W
c [

kJ
/k

g]

N=50000 [rpm] and PR=1.9 [-]

IG T=32.5[°C]
IG T=34.0[°C]
IG T=36.0[°C]
RG T=32.5[°C]
RG T=34.0[°C]
RG T=36.0[°C]

Figure 3.20: Compressor work variations in function of
(a) temperature, (b) pressure, ideal gas vs real gas

One can observe that the power needed to drive the compressor show opposite trends
compared to the behavior of ideal gas. This is because the values obtained in the case of
the ideal gas behavior mainly follow the trends shown by the work of the compressor (shown
on Fig. 3.20) because the mass flow rate variations are insignificant with changing inlet
conditions as seen on Fig. 3.18 as opposed to the case considering the real gas behavior were
the mass flow rates effects are dominant on the power. Hence, in conclusion, despite a better
efficiency an reduced work of the compressor, the the power needed for the compressor is
higher in the real gas case for the same conditions.

The same discussion about the accuracy according to equation (3.50) can take place for
power and enthalpy rise as for efficiency and mass flow rate since the same ranges of tempera-
tures and pressures were investigated.

One can also conclude from the properties of supercritical CO2 presented in Section 1.2.1,
that the compressor will mostly work in the vapour-like supercritical region meaning that the
advantage that we often think of first of reduced work in the liquid-like supercritical region
induces a too high mass flow rate due to increased density thus resulting in too high power
consumption and unforeseeable values due to the high isentropic exponent.

Choice of rotational speed

For a given set of inlet conditions (for which the condition of equation (3.50) is satisfied), Fig.
3.21, Fig. 3.22, Fig. 3.23 and Fig. 3.24 show how the efficiency, mass flow rate, power and
work of the compressor evolves with the rotational speed.

One can see that for a reduced power consumption of the compressor, the latter should
work with a limited rotational speed because all the parameters analyzed exhibit a trend
impacting positively power consumption when rotational speed decreases.

For the rotational speed ranges where the two lines are expressed, the real gas behavior shows
better efficiency, higher mass flow rates and power consumption and smaller work confirming
the discussion here above.
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Figure 3.21: Efficiency comparison between
ideal gas (IG) and real gas (RG) behavior
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Figure 3.22: Mass flow rate comparison
between ideal gas (IG) and real gas (RG)

behavior with rotational speed

35000 40000 45000 50000 55000 60000 65000 70000
Rotational speed [rpm]

20

30

40

50

60

P c
 [k

W
]

p1=74.77 [bar], T1=308.15 [K], PR=1.9 [-]
IG
RG

Figure 3.23: Power comparison between ideal
gas (IG) and real gas (RG) behavior with
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Figure 3.24: Enthalpy difference comparison
between ideal gas (IG) and real gas (RG)

behavior with rotational speed
One should note that when working at relatively low pressure ratio as it is the case for
most supercritical cycles, the iso-speed lines do not exhibit a monotonous behavior. Especially
since the initial Turbec T100 shown in Fig. 3.8 is stretched during the projection process
delaying the appearance of monotonous lines for even greater pressure ratio as seen in Fig.
3.10 and Fig. 3.11. This means that for a given pressure ratio at a given speed line, two
mass flow rates are possible. The mass flow rate chosen in this case is the highest. This is
motivated by the fact that if the smallest mass flow rate is chosen, when the rotational speed
increases such that the smallest mass flow rate is below the surge mass flow rate, the only pos-
sible mass flow rate will be the highest value hence a discontinuity in mass flow rate will appear.

The reason why the mass flow rate is not defined for all compressor rotational speeds
is because, for a given pressure ratio, only a range of rotational speeds exists for all the mass
flows between the surge and the choke line. The minimum of this range is higher for higher
values of pressure ratio; since the projected pressure ratio is higher than the initial pressure
ratio in the ideal case, this should mean than the minimum speed in the real gas behavior
case should be higher. This is not what is shown (also shown in Fig. 3.10) because this effect
is insignificant. The rotational speed is indeed smaller because of the compressibility is lower
for a same isentropic exponent (as seen in equation (3.15) using partial similarity).



3.3. TURBOMACHINERY 59

3.3.2 Turbine
The turbine performance map plays the same role as the compressor map to visualize the
important physical aspects linked to its use:

• Pressure ratio
The y-axis represents the expansion ratio and the x-axis represents the mass flow adapted
with one of the metrics presented in Fig. 3.2 just as for the compressor. The expansion
of the working fluid allows for the conversion of thermodynamic work into mechanical
shaft work driving the compressor and allowing for electrical conversion of the resulting
part of this work. This expansion is represented with by the ratio between the turbine
outlet pressure pt,out to the turbine inlet pressure pt,in:

ER = pt,in

pt,out

(3.57)

• Speed line
Different iso-speed lines are also drawn on the map usually much closer to each other
than in the case of the compressor. The reduced rotational speed is thus expressed as
follows:

Nred = N√
Tt,in

= 60ω

2π
√

Tt,in

(3.58)

• Choke line
Such as for the compressor, not all mass flows can go through the turbine. A maximum
mass flow rate represented by the choke line can pass through. As for the compressor,
the choke line connects the points of maximum flow rate for the different iso-speed lines.
For a given speed line at its choking point, a higher expansion ratio will no result in an
increase of mass flow rate since the flow has reached sonic conditions and hence cannot
increase its velocity further without change of section area. One can note that due to
the closeness of the speed lines and because the typical region of use of the turbine is
close to the choke line, the mass flow rate values mostly stay within a small range and
close to the choke line flow rate value when changing rotational speed. The flow in the
turbine is usually closer to choke than in the case of the compressor.

• Isentropic enthalpy efficiency
For the turbine, an isentropic efficiency is also used and expressed as follows:

ηis,T = ht,in − ht,out

ht,in − hs
t,out

(3.59)

The isentropic efficiency of the turbine compares the real work given by the turbine
expansion to the ideal work that could have been given if the expansion happened
without an increase of entropy during the process.

Performance Maps

For the turbine, due to the temperature and pressure ranges in which the turbines operates,
ideal gas behavior assumption can be of use [53]. This allows for the normalization of the
turbine performance map using a unique reference state hence the possibility of the direct
use of the turbine performance map of the Turbec T100 using the scaling of equation (3.7).
For example, using the typical range of inlet and outlet conditions, one can compute the
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compressibility factor Z as seen in Fig. 3.25 and acknowledge how far these conditions vary
from ideal gas assumption; recall from equation (3.17):

Zid = 1 =⇒ p = ρRCO2T (3.60)
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Figure 3.25: Compressibility factors for typical inlet and outlet turbine conditions

From these graphs, one can deduce that the assumption of ideal gas behavior is reasonable
for both inlet and outlet conditions. Outlet conditions typically exhibit lower values of
compressibility factor because despite the drop of pressure resulting in an increase of Z for
given temperature (Fig. 3.17(b)), the drop of temperature at the turbine outlet, decreasing Z
for given pressure (Fig. 3.17(a)), weights more on the final value of Z.

However, as one can observe in Fig. 3.26, the range of operation in s − CO2 cycles does not
correspond to optimized use of the Turbec T100 turbine (represented by a rectangle on Fig.
3.26).

Figure 3.26: Performance maps of the Turbec T100 constructed by Caresana et al. [12] upon
manufacturer’s data. Note that the reduced flow utilized here is named under the "corrected

flow" terminology. Figure found in [40].
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Indeed, the pressure ratio, whose value is typically around 2 (for mechanical reasons
as explained in Section 1.3), would require relatively low rotational speed to achieve high
efficiency compared to higher pressure ratio and this region of use of the turbine causes higher
mass flow rates changes for smaller expansion ratio changes. This turbine is not adequate
for the modeling of a supercritical CO2 cycle because its purpose is to have much higher
expansion ratio. We thus assumed another strategy of modeling of the turbine block explained
hereunder.

Turbine block

Figure 3.27: Inputs and outputs of the turbine block

The turbine gives expanded CO2.
From the turbine inlet temperature
and pressure, with the expansion ra-
tio and the rotational speed, the block
computes the outlet temperature, the
mass flow rate at the turbine and the
power given by the turbine to drive
the compressor and provide electrical
power. From the inlet conditions and
the pressure ratio desired, the perfor-
mance map provides us with the CO2
mass flow rate as well as the efficiency.

Computation of the mass flow rate and the efficiency

To tackle the issue of the modeling of the turbine, one can say that the turbine is choked and
that the choking value is corrected for the changing turbine flow composition using following
equation [13, 21]:

ṁt

√
T4

p4
= const. (3.61)

The first value of the mass flow rate will be taken as the one at the compressor for the first
iteration. While the efficiency was assumed constant since near the choke line the efficiency
does not vary significantly:

ηis,T = 0.84 [−] (3.62)
The motivations for the choice of this isentropic efficiency will be explained in Section 5.10.

Temperature computation

The temperature of the expanded flow Texp is computed using turbine outlet pressure p5 and
the expanded fluid enthalpy hexp computed using the expanded fluid isentropic enthalpy hs

exp,
the turbine inlet enthalpy h4, the turbine isentropic efficiency ηis,T as well as the entropy at
the turbine inlet s4:

s4 = f(p4, T4) (3.63)
h4 = f(p4, T4) (3.64)
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hs
exp = f(p5, s4) (3.65)

hexp = h4 − ηis,T (h4 − hs
exp) (3.66)

Texp = f(p5, hexp) (3.67)
In the same manner as for the compressor, the thermal capacitance of the casing is taken into
account with a differential equation:

dT5

dt
= ṁt(hexp(p5, Texp) − h5(p5, T5))

mcas,T ccas

(3.68)

The estimation of the turbine casing mass and the specific heat value of the turbine casing
are done in Chapter 5 as for the compressor.

Power computation

Knowing the mass flow and the temperature of the expanded fluid thus the expanded fluid
enthalpy hexp and the turbine inlet enthalpy h4, the derivation of the power delivered by the
turbine Pt follows the expression hereunder:

Pt = ṁt(h4(p4, T4) − hexp(p5, Texp)) (3.69)

Choice of rotational speed

Since the modeling of the turbine block did not require the use of a performance map, the
rotational speed of the turbine is thus the same as the one of the compressor and no gear box
that would induce further losses should be put between the two.

3.4 Heat exchangers
In the cycle modeled in this study, three heat exchangers have to be modeled: the recuperator,
the waste heat recovery unit and the cold source. The recuperator is a CO2/CO2 heat
exchanger whose behaviour highly influence the dynamic and efficiency of the cycle. Because
0-D model does not catch the changing characteristics of s−CO2 along the heat exchanger, the
recuperator will use a 1-D discretized model. The waste heat recovery unit is the flue gas/CO2
heat exchanger, heater of the bottoming cycle. It is modeled using a 0-D model, representing
the dynamic behaviour with a heat accumulator. At this exchanger, the sensitivity of the
fluid characteristics to a change of temperature is smaller than the one at the recuperator, the
fluid being further from critical conditions. The cold source is a water/CO2 heat exchanger.
It also uses a 0-D model, and the dynamic behaviour of the exit temperature will be modeled
by considering its thermal inertia. It is used to control the lowest temperature of the cycle.

3.4.1 Recuperator
The modeling of the heat exchangers is a crucial step for the analysis of the dynamic behavior
of the s − CO2 cycle. Indeed, it has the slowest dynamics of the system during transient
operation. Due to its high thermal load it affects the efficiency of the cycle during transient
operation.

The recuperator heat exchanger is an essential component to boost the efficiency of the
cycle and the power recovered from the exhaust gas. Reale et al. investigated the recovery of
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the exhaust gas from a Turbec T100 using a simple s − CO2 Brayton cycle with and without
recuperator in steady state [70]. With their assumptions, the addition of a recuperator in the
bottoming cycle improves its net power from 12.1 [kW ] to 20.6 [kW ]. All layout of s − CO2
cycle include at least one recuperator due to its crucial importance in improving the economics
and performances [32, 65].

By using the hot gas at the output of the turbine to preheat the s − CO2 before the
waste heat recovery heat exchanger, the recuperator decreases the loss at the cold source
and increase the internal efficiency of the bottoming cycle. An effective recuperator allows
for a reduction of the cost and complexity associated with the design of the cooler [65]. A
drawback is the reduction of the heat transfer quality at the hot source. Indeed, increasing
the temperature of s − CO2 at the inlet of the hot heat exchanger also increases the minimum
temperature at which the flue gas from the mGT can be cooled. Overall there is a net gain in
power output with the addition of an effective recuperator. A very high effectiveness, typically
higher than 0.95, is not interesting as the gain in thermal efficiency is counterbalanced by the
increase in pressure losses and the reduction of heat extracted from the flue gas.

A common approach in the modelling of recuperator is the use of a 1-D discretized model
[48, 54]. Indeed, 0-D like the ϵ − NTU method are not able to catch the change of character-
istics of the CO2 along the heat exchanger, as those methods consider constant characteristics
of the fluid. Most rigorous studies of PCHE modeling uses Computational Fluid Dynamics
(CFD) to analyze the heat transfer, which is not suitable for dynamic study due to the
increased computational complexity. In this 1-D model the heat exchanger can be discretized
into several elements (called cells) of the same length or with the same heat duty as seen on
Fig. 3.28.

Figure 3.28: Discretization of the recuperator heat exchanger

Some assumptions must be introduced in the model:

• The PCHE considered is manufactured with an alternate stacking of hot and cold
channels as a periodic repetition of the elementary unit represented on Fig. 5.3. The
area of contact of the fluid with the wall is the same on both side as the number of
channels is the same.

• The mass flow rate is uniformly distributed among all the channels of the heat exchanger.
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• Heat losses in the external wall are neglected (see Section 3.2.4).

• Longitudinal heat conduction in the metallic core is neglected.

With those assumptions it is possible to analyze only an elementary unit of the PCHE and
expand the results of the calculations to the other channels of the heat exchanger by symmetry.
No special care must be accorded to the external channels due to heat losses.

The energy conservation equation for each cell at time t can be represented using the
following equations:

Qi
w = Qi

h − Qi
c, (3.70)

with
Qi

h = ṁh(hi,in
h − hi,out

h ), (3.71)
Qi

c = ṁc(hi,out
c − hi,in

c ), (3.72)
where h stands for the specific enthalpy.

Qi
w = mi

w,rcw,r
dT i

w

dt
(3.73)

This system of equations express the evolution of the temperature of the metallic matrix of
the recuperator (also called wall, hence the subscript w, r) of the heat exchanger as a function
of the heat exchanged at the hot and cold side of the heat exchanger. Here mi

w,r stands for
the mass of metal in the wall of the recuperator heat exchanger for the ith cell , and cw,r is the
specific heat capacity of the wall material. T i

w is the mean temperature of the metallic matrix.
Qi

h and Qi
c are respectively the heat transfer rate in [kW ] at the hot and cold side of the heat

exchanger for the ith cell. They are explicited in term of enthalpy in equations (3.71) and (3.72).

The meaning of equation (3.70) is that all the difference between the heat flows carried
in and out by the working fluid on the control volume used for conservation equation is
equal to the heat flow going into the core of the heat exchanger (Qw). The underlying
assumption is that the volume of gas cannot accumulate heat. In other words the gas re-
tention time is negligible compared to the rate of temperature change of the wall thermal mass.

The heat transfer between the cold or hot side and the wall is computed according to
equation

Qi = (U iAi)∆T i , (3.74)
with ∆T i the temperature difference between the mean temperature of the wall at the ith

cell , written T i
w and the mean temperature of the fluid on the ith cell, respectively equation

(3.75) and (3.76) for the hot and cold side.

T i
h = T i,in

h + T i,out
h

2 (3.75)

T i
c = T i,in

c + T i,out
c

2 (3.76)

Here (UA) stands for the heat transfer coefficient between the wall mean temperature and
the hot/cold side, whose expression is developed in equations (3.77) and (3.78).

1
(U iAi)h

= 1
hi

hAi
+ tw/2

kwAi
, (3.77)
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1
(U iAi)c

= 1
hi

cA
i

+ tw/2
kwAi

, (3.78)

where hi
h and hi

c are respectively the convective heat transfer coefficient for the hot and cold
side heat transfer between the fluid and the wall, and tw is the thickness of the wall. kw is
the thermal conductivity of the wall material at the temperature T i

w.

When developing equation (3.71), one can obtain [40]

ṁh(hi,in
h − hi,out

h ) = (U iAi)h(T i
h − T i

w), (3.79)

and since pressure is assumed constant (and the second term of equation (2.2) is assumed not
to depend on temperature) within a cell, the enthalpy can be expressed only with specific
heats and the above equation becomes

ṁhci
p,h(T i,in

h − T i,out
h ) = (U iAi)h

(
T i,in

h + T i,out
h

2 − T i
w

)
, (3.80)

with ci
p,h = cp(pi

h, T i,in
h ) the specific heat capacity of hot side of the ith cell which is considered

constant for the cell and evaluated at its inlet conditions to avoid iterative procedure. The
temperature at the outlet of the cell on the hot side thus becomes at time t

T i,out
h =

ṁhci
p,hT i,in

h − (U iAi)h

(
T i,in

h

2 − T i
w

)
(U iAi)h

2 + ṁhci
p,h

, (3.81)

As said here above, the pressure in one cell is assumed constant hence the pressure distribution
(computed prior to this) considering pressure losses at the recuperator hot side is expressed as

pi
h = p5 − (p5 − p6)

Ncells − 1(i − 1) . (3.82)

The local heat transfer coefficient is (U iAi)h = (UA)h

Ncells

.

Similarly for the cold side equation (3.72) can be developed into

ṁc(hi,out
c − hi,in

c ) = (U iAi)c(T i
w − T i

c) , (3.83)

ṁcc
i
p,c(T i,out

c − T i,in
c ) = (U iAi)c

(
T i

w − T i,in
c + T i,out

c

2

)
, (3.84)

with ci
p,c = cp(pi

c, T i,in
c ) the specific heat capacity of the cold side of the ith cell which is

again considered constant for the cell and evaluated at its inlet conditions to avoid iterative
procedure. The temperature at the outlet of the cell on the cold side thus becomes at time t

T i,out
c =

ṁcc
i
p,cT

i,in
c + (U iAi)c

(
T i

w − T i,in
c

2

)
(U iAi)c

2 + ṁcci
p,c

, (3.85)

One should note that the expression ṁc here designs the mass flow rate at the recuperator
cold side and not the compressor mass flow rate as done in Section 3.3.1.

The pressure distribution considering the pressure losses is thus computed in the same
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manner as for the hot side, assuming a linear pressure evolution between the cells of the
exchanger.

pi
c = p2 − (p2 − p3)

Ncells − 1(i − 1) . (3.86)

The local heat transfer coefficient is (U iAi)c = (UA)c

Ncells

. The exchanger is discretized into cells
with the same heat transfer coefficient, as in Antoine Laterre’s thesis [40]. It is assumed that
the casing heat capacity of each cell is equal to mi

w,rcw,r = mw,rcw,r

Ncells
.

The mean wall temperature is thus updated using equation (3.73).

dT i
w

dt
= ṁh(hi,in

h − hi,out
h ) − ṁc(hi,out

c − hi,in
c )

mi
w,r cw,r

(3.87)

How the (UA) values were estimated for the hot and cold sides is explained in Section 5.7.
The casing mass and casing heat capacity of the recuperator matrix will also be justified in
this Section.

Selection of the number of cells

Increasing the number of cells used to model the recuperator increases the accuracy of the
model but also its computational time. The latter increases linearly with the number of cells.

To select the number of cells, an error analysis has been performed on the exit temper-
ature predicted by the model when changing the number of cells used. The reference has
been selected as the exit temperature computed with Ncells = 80. The error made during the
changes of operating conditions described in Section 6.3 has been computed. The error made
during transient has been defined in two ways: as the mean error made during the change
of operation (equation (3.88)) and as the maximum error encountered during the transient
maneuver (equation (3.89)). The error made on T3 is shown on Fig. 3.29(a). The error made
on T5 follows the same trend.

errormean = mean

(
Tout,N − Tout,80

Tout,80

)
(3.88)

errormax = max

(
Tout,N − Tout,80

Tout,80

)
(3.89)

Reducing the number of cells also has an impact on the estimated effectiveness of the heat
exchanger in steady state. The steady state error made by reducing the number of cells from
80 is shown on Fig. 3.29(b). Reducing the number of cells increases the evaluated effectiveness
of the recuperator and leads to an overestimated heat duty.

The number of cells chosen is 3 to limit the complexity of the model while keeping an
error sufficiently low.
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Figure 3.29: Error made by reducing the number of cells on
(a) T3 during transient and (b) T3 and T5 at steady state

Recuperator block

Figure 3.30: Inputs and outputs of the recuperator
block

The recuperator block is thus summa-
rized in Fig. 3.30. One should note
that the mass flow rates on the cold
and hot side remain constant hence
no mass accumulation was considered
in the recuperator. Furthermore, the
outlet pressures on the cold side and
hot side were computed prior to the
recuperator thanks to the correlation
introduced in Section 3.2.1 and the
pressure distribution for each cell fol-
lows a descending step function with
constant pressure for each cell.

One should also note that the mass flow at the cold side of the recuperator is the mass
flow at the compressor level ṁc and the mass flow at the hot side of the recuperator is the
mass flow at the turbine level ṁt.

3.4.2 Waste heat recovery unit
The waste heat recovery unit is the heater of the cycle. It determines the heat recovered from
the flue gas of the micro gas turbine. During this process, the temperature and pressures of
s − CO2 are far from the critical point (about 420 − 520 [K] and 146 [bar]). The sensitivity
of the Nusselt number to temperature is then rather low. Indeed, varying the temperature of
the CO2 inside the same PCHE heat exchanger between 436 and 550 [K], temperatures at
the hot heat exchanger at nominal conditions (recovering the heat from the 100 [kW ] flue gas
of the mGT), the maximum variation of the convective heat transfer coefficient is of 2.8 %,
compared to a variation of 37 % in the case of the recuperator cold side. Moreover, only the
CO2 side of the heat exchanger is of interest for the dynamic modeling of the cycle.
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For the modeling of the hot heat source, the effectiveness is considered constant at ϵ = 0.9.
To represent the dynamic behaviour, a lumped model is used. The transient response is then
modeled by using a heat accumulator to represent the thermal inertia of the tubes and casing.
The lumped assumption is valid for when the Biot number, defined as the ratio between the
convective heat transfer at the surface of the body and the conduction inside the body, is
close to zero. For the heater considered, we can compute using a PCHE with a geometry
similar as the one described in Section 5.7:

Bi = hL

k
= 0.0039 << 1, (3.90)

with h the convective heat transfer coefficient, k the thermal conductivity of the fluid and
L = V

A
the characteristic length.

Using the assumed effectiveness, defined as the ratio between the actual and the maxi-
mum heat transfer rate as in equation (2.23) defined in Section 2.4. The maximum heat
exchanged in thus equal to

Qmax = min[ṁexh(hexh(Texh,in) − hexh(TCO2,in)), ṁCO2(hCO2(Texh,in) − hCO2(TCO2,in))] ,
(3.91)

with ṁexh the mass flow rate of flue gas in the heat exchanger, ṁCO2 the mass flow of CO2,
hexh the specific enthalpy of the flue gas as a function of temperature at atmospheric pressure
and hCO2 the specific enthalpy of CO2 at the pressure at the entry of the heat exchanger as
a function of temperature. In practice for this application the flue gas will have a smaller
heat capacity rate (ṁcp) than the s − CO2. At design conditions, recuperating the flue gas
of a Turbec T100 working at a load of 100 [kW ], (ṁcp)exh = 767 [W/K] for the flue gas
and (ṁcp)CO2 = 980 [W/K] for the CO2 side, using the mean specific enthalpy between
Texh = 563 [K] and TCO2,in = 420 [K]. The actual heat transfer between the flue gas and the
CO2 can then be computed as

Qhot = ϵ Qmax , (3.92)
and Qhot is expressed as

Qhot = ṁCO2(hCO2(TCO2,hot) − hCO2(TCO2,in)) , (3.93)

evaluated at the pressure of the hot source outlet and inlet respectively, taking into account
pressure losses calculated prior to the waste heat recovery block. This allows to find TCO2,hot

since
TCO2,hot = f(hCO2,hot, pCO2,out) . (3.94)

The actual temperature of the hot end of CO2, TCO2,out is computed taking into account
the thermal inertia of the casing of the heat exchanger. Using this casing approach one can
obtain:

dTCO2,out

dt
= ṁCO2(hCO2(pCO2,out, TCO2,hot) − hCO2(pCO2,out, TCO2,out))

mw,h cw,h

(3.95)

This approach allows a reduction of the complexity and computational cost compared one
using a discretized model. It requires a tuning of the casing coefficients mw,h, the mass of
steel in the heat exchanger and cw,h, the heat capacity of the material. The tuning of this
parameters is made in Section 5.8.
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Waste heat recovery unit block

Figure 3.31: Inputs and outputs of the WHRU block

The WHRU block is thus summarized
in Fig. 3.31. One should note that
the CO2 mass flow rate is constant
hence no mass accumulation was con-
sidered in the WHRU. Furthermore,
the outlet pressure of CO2, p4 was
also computed prior to the WHRU
block as for the recuperator thanks to
the correlation introduced in Section
3.2.1 but tuned differently than for
the recuperator hot and cold side as
seen on Section 5.2.

The mass flow rate of CO2 in the WHRU is still equal to the mass flow rate at the compressor
level ṁc.

3.4.3 Cold source
The goal of the cold source is to reduce the temperature of the s − CO2 at the entry of
the compressor T1. As explained in Section 1.3 and Section 1.4.2, this parameter is of high
importance to reduce the work of the compressor and assure a stable operation. This is why
this temperature will be controlled by varying the mass flow rate of water in this heat exchanger.

The cold sink is a water/s − CO2 heat exchanger. It has been modeled using a constant (UA)
value. The model used is a 0-D steady model based on equation (3.96).

Qcold = UA∆Tm (3.96)

where ∆Tm is the logarithmic mean temperature difference between CO2 and water in the
exchanger:

∆Tm = (TCO2,1 − Twater,1) − (TCO2,2 − Twater,2)

log
(

TCO2,1 − Twater,1

TCO2,2 − Twater,2

) , (3.97)

with TCO2,1 − Twater,1 = ∆T1 and TCO2,2 − Twater,2 = ∆T2 on Figure 3.32.

The cold heat source heat flux can be written as

Qcold = ṁCO2(hCO2(p6, T6) − hCO2(p1, Tcold)) (3.98)
= ṁH2O(hH2O(pH2O, TH2O,out) − hH2O(pH2O, TH2O,in)), (3.99)

with pH2O = 3 [bar].
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Figure 3.32: Example of temperature profile of the cooler as a function of the heat duty

The dynamic behaviour of T1 is then simulated using a heat accumulator with the casing
approach. The casing mass mw,c and heat capacity cw,c are estimated in Section 5.9.

dT1

dt
= ṁCO2(hCO2(p1, Tcold) − hCO2(p1, T1))

mw,c cw,c

, (3.100)

with hCO2(p1, Tcold) the theoretical enthalpy of the CO2 at the exit of the exchanger computed
using the heat duty at time t with equation (3.98)

hCO2(p1, Tcold) = hCO2(p6, T6) − Qcold

ṁCO2

. (3.101)

To compute the heat duty one needs the knowledge exit temperatures of the heat exchanger,
that depends on the actual heat duty. There is then an iterative procedure. The first step
assumes that the heat transfer will be the same one as the one of the previous time step
to obtain the exit temperatures of the fluid with equations (3.98) and (3.99). Then the
heat transfer is computed using equation (3.96). If the error between the computed and the
assumed heat transfer is too large (relative error > 0.1 % is considered), the computed heat
transfer should be used to compute the temperatures in the next iteration.

To increase the convergence and avoid numerical oscillations, the next guess of Qcold is
calculated as the mean value between the heat transfer computed and the one of the previous
iteration.

Qcold = UA ∆Tm(Qi−1) + Qi−1

2 (3.102)

The presence of a receiver tank in a heat transfer perspective is modelled by including it into
the casing mass, as it increases the thermal inertia. For the control system, it means that the
measurement of the temperature is made at the entry of the compressor, after the inventory
tank.
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Cold source block

Figure 3.33: Inputs and outputs of the cold source block

The representation of the cold source
block is shown on Fig. 3.33. Once
again, the mass flow rates at the cold
and hot side of the heat exchanger
remain constant hence no mass accu-
mulation was taken into account. As
said here above, the casing of the in-
ventory tank coming after the cold
source and before the compressor is
comprised in the casing of the cold
source.

The mass flow rate of CO2 at the hot source of the cold source heat exchanger is the
mass flow at the turbine level ṁt.

3.5 Shaft
The modeling of the shaft has its interest, despite not being involved directly in the thermo-
dynamic cycle, because of its role in transferring the power generated by the turbine to the
compressor and to the generator for it to transform this mechanical energy into electrical
energy.

Shaft block

Figure 3.34: Inputs and outputs of the shaft block

The dynamic behavior of the shaft is
influenced by the difference between
the power generated by the cycle
(power of the turbine) Pin = Pt and
Pout which is the power used by the
compressor Pc and the generator Pgen

as well as the different losses Plosses

(air friction losses, bearing losses, etc).
This parameters influence rotational
speed as shown in equation (3.103).

dω

dt
= Pin − Pout

Iω
= Pt − (Pc + Pgen + Plosses)

Iω
(3.103)
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Recall that the rotational speed is N = 60ω/2π, the units of N being [rpm] and ω [rad/s].

In the modeling of the mGT done in [40], the power losses are grouped into a bearing
losses Plb. Due to the lack of knowledge of the modeled installation, these losses were ne-
glected and left for a more advanced model.

Furthermore in a first approach, the power of the generator was split into electric power
produced by the power block Pelec and electrical losses Ple (power lost inside the compres-
sor and the power electronics). These electronic losses included losses of the auxiliaries in
this first strategy of the control of the mGT. In this case, Pgen = Pelec + Ple and the load
power Pload was equal to the electric power Pelec such that the latter matches the demand power.

In the second approach, the auxiliaries were not included hence Pgen = Pelec + Paux + Ple.
Thus, in this case, the power load is computed as the sum of the electric power Pelec and the
power of the auxiliaries (including the oil pump, the cooling water pump of the generator, the
control system, etc) Paux.

Once again, due to the lack of knowledge of the power block installation and its auxil-
iaries, the choice was made to neglect the electrical and auxiliary losses. Hence, in this case
the load power is equal to the generator power. With these considerations taken into account,
equation (3.103) becomes:

dω

dt
= Pt − (Pc + Pload)

Iω
(3.104)

The discussion about the shaft’s inertia I (whose value is particularly small due to compact
s − CO2 systems) is discussed in Section 5.3.

3.6 Inventory tanks
A physical inventory thank is put after the cold source heat exchanger and before the com-
pressor (IT )c in order to take into account for mass accumulation. A second virtual inventory
tank is put before the turbine (IT )t to account for the mass accumulation not taken into
account in the recuperator, waste heat recovery unit, the pipes between the compressor and
the turbine and the compressor (even if the volume of the latter is small enough to neglect
this effect). The position of the inventory tank before the turbine implies an approximation
since the density and mass flow variations would have impacts on the incoming blocks. This
holds for the physical thank who can also be considered partially virtual since it accounts for
mass accumulation inside the cold source and the turbine (the latter could also be neglected).
This approximation was taken in order to consider only two mass flow rates in the system;
the one at the compressor level and at the turbine level.

The mass conservation for the control volume Vi is expressed as

dρ

dt
= 1

Vi

(ṁin − ṁout) . (3.105)
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Inventory tank prior to the compressor block

Figure 3.35: Inputs and outputs of the (IT )c block

In the case of this plenum, the mass
flow rate entering is the one coming
from the turbine ṁin = ṁt and the
mass flow at the exit of the plenum
is the one coming into the compres-
sor ṁout = ṁc. How the inventory
tank volume Vc was estimated will be
addressed in Section 5.4.

The density before the compressor at time (t − 1) is computed thanks to pressure and
temperature at this time step

ρ1(t − 1) = f(p1(t − 1), T1(t − 1)) . (3.106)

Hence with the equation of mass conservation (3.105), one can compute the density before the
compressor at the actual time step ρ1(t). The pressure at time t, p1(t), can thus be computed
since

p1(t) = f(ρ1(t), T1(t)) . (3.107)

Inventory tank prior to the turbine block

At the contrary, in the case of this
plenum, the mass flow rate entering is
the one coming from the compressor
ṁin = ṁc and the mass flow at the
exit of the plenum is the one coming
into the turbine ṁout = ṁt. Again,
how the volume Vt was estimated will
be addressed in Section 5.4.

Figure 3.36: Inputs and outputs of the (IT )t block
The density before the turbine at time (t − 1) is computed thanks to pressure and tem-
perature at this time step

ρ4(t − 1) = f(p4(t − 1), T4(t − 1)) . (3.108)
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Again, the computation of the density before the turbine at the actual time step ρ4(t) is made
thanks to equation (3.105). The pressure at time t, p4(t), can thus be computed since

p4(t) = f(ρ4(t), T4(t)) . (3.109)

3.7 Controller
The control of the cycle is based on three parameters to control; the compressor inlet pressure,
the compressor inlet temperature and the shaft rotational speed. As said in Section 1.4.2, the
inlet conditions are crucial parameters to control for the safe operation and good efficiency of
the compressor due to the sharp variations of properties of s − CO2 near the critical point. To
control the compressor inlet pressure, a plenum is used and for the control of the compressor
inlet temperature, the mass flow rate of the cooling water varies.

Furthermore, the control of the rotational speed is desired to allow for the isentropic ef-
ficiency of the turbine to stay relatively high [53]. Even if, in this case, the turbine maps were
not used and the isentropic efficiency was assumed constant, in reality, it could vary with the
rotational speed hence the choice of control. Other choices of variables to maintain constant
could be used such as for example the turbine inlet temperature (for this the compressor inlet
pressure would be controlled) to maintain sufficient cycle efficiency.

One should also note that the controller type used in all of the controllers used in the
cycle is a Proportional Integral (PI) controller except for rotational speed control where a
Proportional Integral Derivative (PID) controller is used. Indeed, as said in Section 1.4.2, a
PI controller achieves a non steady state error, its sensitivity to high frequency disturbances
is relatively low and it is easier to implement than other controllers available.

Pressure control
The compressor inlet pressure is maintained at a desired value by regulating the mass
accumulation of the inventory tank placed before the compressor. Indeed, a fluid not too far
from liquid-like supercritical CO2 (necessitating a sufficiently high compressor inlet pressure)
must be attained to achieve reduced work a the compressor. To increase this pressure, one
must increase its density for a given temperature hence increase the mass accumulation
∆ṁCO2 (the difference between the inventory tank inlet and outlet mass flow) as seen in
equation (3.105).

Figure 3.37: Inventory tank controller
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Temperature control
For the same reasons as for the compressor inlet pressure, the compressor inlet temperature
must be maintained sufficiently low. For this, the mass flow of the coolant (water) is controlled
at the cold source heat exchanger level. By increasing this mass flow ṁH2O, one can reduce
this compressor inlet temperature and achieve desired CO2 fluid properties.

Figure 3.38: Cold source controller

Rotational speed control
To maintain the rotational speed of the shaft at a desired value, the control is put on the
power load applied to the shaft. By increasing the power load, the resulting rotational speed
increases or decreases depending on the difference between the power at the turbine and the
sum of the power load and power needed at the compressor.

Figure 3.39: Shaft controller
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3.8 Global model
The assembled blocks are represented on Fig. 3.40. One should note that the all the pressures
p2, p3, p5, p6 are all computed thanks to p1 and p4 and the mass flow rates ṁc and ṁt with the
pressure losses correlation as explained in Section 3.2.1. Furthermore, the inlet temperatures
of the exhaust and water as well as their mass flow rates are represented in grey since they
are either boundary conditions and fixed (as the exhaust mass flow rate, inlet temperature
and water inlet temperature) or control variables (such as water mass flow rate).
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Figure 3.40: Global physical model

This figure is represented taking the full page space for more clarity in Appendix A.





CHAPTER 4

Numerical model

4.1 Introduction
In this short Chapter, the sequential procedure used to solve the different equations of the
different blocks is explained.

4.2 Sequential solving procedure
The sequential procedure used for the s − CO2 bottoming cycle model is shown on Fig. 4.1.

To start, the state variables steady state initial values are computed for given initial conditions.
The choice of guess conditions is important since it influences the oscillatory behavior of
the system during the first time steps of the sequencing procedure. Hence the steady state
values found for each mGT flue gas profiles analyzed in this thesis (see Chapter 6) should be
remembered to serve as initial conditions for future solving procedures to avoid this oscillatory
behavior. After the initialization of the states variables, the sequential process is engaged.
One should note that the thermodynamic library used for the CO2 and other fluid properties
(water and composition of the exhaust gases) is CoolProp [10].

4.3 Time step and performances
In dynamic analysis,the time step selected has to be smaller than the smallest characteristic
time of the phenomena modelled in the cycle to ensure numerical stability. Henke et al.
[31] showed that the limiting factor for the ∆t was related to the dynamics involved with
mass conservation equation. They used a time step of 0.5 [ms] in their solver. A. Laterre
showed that for the dynamic simulation of the Turbec T100 a time step of 100 [ms] gives
the same results while maintaining the numerical stability [40]. In our analysis the smallest
volume considered is of 15 liters. To reduce the numerical complexity and the calculation
to simulation time ratio, the time step has been increased to 50 [ms] without changing the
results of the analysis or encountering numerical instability. The time ratio for the simulation
tool developed is then of about 0.375, allowing real time simulation.
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State variables
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Figure 4.1: Iterative procedure for the s − CO2 cycle model



CHAPTER 5

Estimation and tuning of the parameters

5.1 Introduction
This Chapter introduces the choice and tuning of the various parameters used in the modeling
of the cycle. The work of this thesis is only the first step into a iterative process. The
purpose of this work is to provide a first estimation of the transient behavior of a bottoming
supercritical cycle for waste heat recovery, hence its accuracy must be proven afterwards. This
serves as a basis for potential future construction of such an installation where the hypothesis
and values of the parameters taken could be verified allowing for more precise tuning of these
parameters and assessment and correction of the hypothesis taken. Hence the values discussed
in this chapter only serve as an approximation.

5.2 Pressure losses
In this Section the γ coefficient used in equation (3.5) for pressure losses will be determined.
This parameter depends on the design of the installation through factors like the diameter
and roughness of the pipes. There is then no optimal value and it has to be tuned based
on existing installations and testing facilities. First the relative pressure losses in the heat
exchangers (a in equation (5.1)) are determined based on literature.

∆p = a pin (5.1)

The articles [22, 53, 63, 81] all analyse the dynamic behaviour of s − CO2 cycles. Those four
articles validated their results with an experimental facility. The relative pressure losses at
each heat exchanger include the pressure losses caused by singular losses and regular losses
due to piping between the components.

Four coefficient must be determined to model the pressure losses of CO2 at the hot heat
exchanger, cold heat exchanger, at the hot side of the recuperator and at its cold side. The
Figure 5.1 shows the relative pressure losses considered by the researchers in those articles at
the nominal conditions. In the article of T. Deng et al. [22], the two recuperators have been
considered, hence the column Deng HTR.
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Figure 5.1: Relative pressure losses in [22, 53, 63, 81]

Based on those articles the relative pressure loss is chosen. The value considered is indicated
on Tab 5.1. The gamma coefficient has been computed at nominal mass flow of 0.77 [kg/s]
(mass flow of the cycle when the mGT works at a load of 100 [kW ]) in equation (5.2).

γ = a

ṁ2
nominal

(5.2)

Heat exchanger Relative pressure losses [%] γ [-]
Cold side recuperator 0.8 0.0135
Hot side recuperator 0.9 0.0149
Heater 0.8 0.0135
Cooler 0.7 0.0118

Table 5.1: Pressure losses in heat exchangers

5.3 Shaft inertia
As the control strategy used in the analysis of the cycle consist in keeping the rotational speed
of the turbomachinery constant, the modeling of the inertia of the shaft is useful in the design
of a constant speed load controller at Section 3.7. In dynamic modeling studies, the value of
the shaft moment of inertia can be obtained from experimental measurement. However it is
most of the time tuned inside the model to match experimental results. Even in the field of
micro gas turbine modeling, the estimation of the shaft inertia is a difficult process as it can
vary from one study to another even for the same machine [40].

At the testing facility of Sandia National Laboratories (SNL), the rotor shaft dynamic
of a Turbine Alternator Compressor unit (TAC) has been investigated. The moment of inertia
of their design was of I = 0.0022 [kg m2] [90]. They precised that the thrust bearing surface
could be increased in their next design to allow for greater thrust load capability and for the
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inclusion of magnetic thrust bearings, resulting in an increase of the inertia of the shaft. In
the absence of additional data on the shaft moment of inertia of s − CO2 turbomachinery,
their value will be used.

5.4 Inventory tanks volume
The volume of the inventory tank influences the dynamic of the cycle. Its high volume
compared to the rest of the cycle allows for a regulation of the inlet pressure of the compressor,
avoiding detrimental effect on the compressor operation during addition or withdrawal of
mass of CO2 in the system. It also increases the thermal inertia before the compressor.

In "Transient analysis and control of a heat to power conversion unit based on a simple
regenerative supercritical CO2 Joule-Brayton cycle", M. Marchionni et al. investigated the
inventory control strategy on the s − CO2 experimental facility at Brunel University London,
whose scale is of about 60 [kW ]. Their conditions for the inlet of the compressor are similar to
the ones considered in this study except for the nominal mass flow rate of CO2 who amounts
to 2.1 [kg/s] in their study for about 0.77 [kg/s] in this thesis. The volume they used for the
inventory tank is of 0.165 [m3], and the system inventory has been varied between 20 and
60 [kg] of CO2.
The volume selected in this thesis is of 0.043 [m3], which represents an inventory of 12 [kg]
in the tank at design pressure and temperature (p1, T1), which are the same as the ones of
M. Marchionni. A reduction of the volume of the tank allows for faster transient response
and a reduced volume of the installation, at the cost of a less stable operation of the compressor.

For the mass conservation equation of the plena before the turbine and compressor, the
volume of heat exchanger and piping system has been estimated to 0.015 [m3]. M. Marchionni
showed that the inventory tank contained about half the mass of CO2 in the cycle. Due to the
higher density of the fluid after the compressor, assuming same volume in the cold and hot
heat exchangers lead to the latter volume. The selected volume ensures a numerical stability
of the simulation tool with a time step of 0.05 [s].

5.5 Turbomachinery casing mass
In order to represent the thermal inertia effect of the exit temperature of the turbine and
compressor, a heat accumulator is used. It is modeled using the heat capacity of the casing of
the turbine and compressor, respectively mcas,T ccas [kJ/K] and mcas,C ccas [kJ/K].

In [83], Visser et al. highlighted the importance of considering the thermal effects on
the turbomachinery for small scale turbines due to the high surface-to-volume ratios. However
they showed that the transient response is mostly dictated by the recuperator heat capacity.
The casing heat capacity influences the time requires to reach steady state. They showed
that 0-D and 1-D approaches are limited and requires a fine tuning of the mcas ccas term to
be matched with available experimental data.

The choice of those parameters is made based on dimensional analysis. They have been
chosen to ensure numerical stability of the model but needs to be validated using transient
experimental data. In its numerical model of a mGT, R. Govaerts [29] selected a heat capacity
of 12.25 [kJ/K], while Henke et al. [31] estimated it at 61.1 [kJ/K]. In this work the casing
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heat capacity of the turbomachinery should be smaller than the ones used for the modeling og
the mGT turbine and compressor. Indeed, the size of the components of a s − CO2 cycle are
considerably reduced compared to gas turbines due to the high density of the fluid. Typical
s − CO2 turbines of the scale of a few tens of kW have a diameter between 40 and 72 [mm]
[15, 30, 53, 75]. The casing heat capacity is estimated to 2.5 [kJ/K] for the turbine and
compressor, which represents a casing mass of about 5 [kg] of steel.

5.6 Controller gains
The controllers described in Section 3.7 require a tuning of the gains. For a PID controller
the gains are defined as

u(t) = Kp

(
e(t) + 1

τi

∫ t

0
e(τ)dτ + τd

de(t)
dt

)
= Kpe(t) + Ki

∫ t

0
e(τ)dτ + Kd

de(t)
dt

(5.3)

with u the control function and e the error value of the process variable. The derivative
action is not used in general because of its sensitivity to high frequency noise (a filter is then
needed), and the increased complexity in the tuning of the gains. Tuning PI controllers is a
difficult problem, and it is often done manually following rules of good practice. There exists
methods to automatically tune the controller that minimize a certain criterion. The ITAE
(Integral of Time and Absolute Error) minimization method has been used to have a first
guess on the controller gains for the low temperature control. It minimizes the integral of the
time weighted absolute error:

ITAE =
∫ t

0
τ |e(τ)|dτ (5.4)

To tune the gain of the controller, there are tables with the optimal gains to minimize this
criterion for a first order system with dead time. The open loop behaviour has then to be
approximated to a first order system as a first approach. To get the open loop behaviour, a
step on the control variable has been imposed from ṁH2O = 1.6 [kg/s] to ṁH2O = 1.2 [kg/s]
at t = 0. The resulting change in temperature T1 is shown on Fig. 5.2. The process gain is
defined as the ratio between the difference in the control variable and the difference in process
variable after steady state is achieved:

PG = ∆T1

∆ṁH2O

(5.5)

In this case it amounts to −1.288. The process time constant TC is defined as

TC = 0.9(t0.75 − t0.25) , (5.6)

with t0.75 and t0.25 the time needed for T1 to reach respectively 75 % and 25 % of T1,max −T1,t=0.
The settling time for T1 is quite important compared to the one of the other temperatures
of the cycle due to the casing mass associated to the cold heat exchanger, as explained in
Section 5.9. Based on a table of coefficients from [62], who analyses different tuning methods,
the gains of the controller have been computed. The resulting gains are Kp = −3.7 and
Ki = 0.68.



5.7. RECUPERATOR 83

0 5 10 15 20 25 30
Time [s]

308.5

308.6

308.7

308.8

308.9

309.0

T 1
[K

]

Figure 5.2: Open loop response of a change of ṁH2O from 1.6 [kg/s] to 1.2 [kg/s]

Because the optimal behaviour in the cycle is not always the ITAE one, the gains have been
tuned manually. Indeed, for the control of the temperature, a significant deviation (more than
1 [K] basically) from its set value is not accepted as it has a high influence on the compressor
stability. Moreover a variation in pressure at p1 was not considered during the open loop
analysis. The direct implementation of this controller resulted in an unstable response for
T1. To increase the stability, the gain of the process have been decreased, following the
advice of Åström, K. J. For the low temperature control the gains have finally been tuned as
Kp = −0.15 and τi = 10. The control action u is in this case the change in mass flow rate
of the water of the cold source, that has to be increased if the measured temperature T1 is
higher than its set value, hence the negative gain.

The inventory controller has been tuned using the same methodology, and the final gain
selected is Kp = 0.9e−5 and τi = 2.8. The time scale of the controller for the inventory
control has been set to 1 [s]. The control variable is then actualised only every seconds. The
valve dynamic have not been modeled and the mass flow rate of CO2 in the cycle is then
instantaneously changed.

For the rotational speed of the shaft, the frequency experimental method has been used
to tune the gains. It is done by using a P controller and increasing Kp until the limit of
stability is reached. This gain is called Ku and was equal to 0.055. At the limit of stability the
process variable shows a constant oscillation with period Tu, which is 20 [s]. Then the gains
are determined with the Ziegler-Nichols coefficients. For this controller a PID was designed to
respond faster to a change in power at the turbine. The rotational speed maintained constant
with Kp = 0.033, τi = 10 and τd = 2.5. The time resolution of the controller is very small
because the reaction time is dictated by the electronics. It has then been set to 50 [ms].
Existing controllers manage to keep a shaft speed constant very precisely.

5.7 Recuperator
One of the most crucial step in heat exchanger modeling is the estimation of the heat
transfer coefficient. The model used in Section 3.4.1 uses the heat transfer coefficient of
the cold and hot side of the heat exchanger. To increase the knowledge on the behaviour
of recuperator, a first design of the recuperator has been proposed. This physical design
allows for a more precise knowledge of the characteristics of the fluid inside the heat ex-
changer and of the geometry of the recuperator. It will be used to estimate the (UA) value
at the cold and hot side as well as the casing mass of the recuperator used in dynamic modeling.

The recuperator is assumed to be a PCHE exchanger with a zigzag configuration. As
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explained in Section 1.3.2, this design is the most used for s − CO2 recuperators. To limit
the pressure losses in the recuperator the Reynolds number of the fluid should not be too
high. According to Li et al. [48], this Reynolds number should be limited to 30000.

To estimate convective heat transfer coefficient, the Nusselt number is often used (see equation
(5.11). Various empirical correlations have been proposed to estimate the Nusselt for straight
and zigzag channels [48].

The correlation used in this thesis is the Gnielinski one. Indeed, [54] showed that in the absence
of data on heat exchanger performance from experimental test the Gnielinski correlation
performs better in predicting manufacturers data in the range of Reynolds number we are
interested in (20000 < Red < 30000). It is also the correlation that gave the best results
when comparing our results with 3-D CFD from [53]. It stays valid at Reynolds number up
to 60000 and at Prandtl number higher than one, which is an important factor as at design
conditions the local Prandtl number at the lowest temperature of the recuperators is close to
1.85. Correlations for Nusselt number and friction factor are shown on equation (5.7) and
(5.8).

Nu =
f

8 (Red − 1000)Pr1 + 12.7(Pr2/3 − 1)
√

f

8

 , (5.7)

with
f = 1

(1.8 log10(Red) − 1.5)2 . (5.8)

5.7.1 Recuperator Design
Because of the lack of reference in the literature on recuperators designed for s − CO2 cycles
for small scale application that could be used to tune our model, we decided to design our own
recuperator. Indeed, most of the studies on recuperators use experimental results of larger
scale heat exchanger or CFD simulation of elementary heat transfer unit as in [54]. Moreover
it will allow us to gain knowledge on the physical characteristics of the recuperator. The casing
mass of the recuperator will be estimated as the mass of the recuperator designed in this section.

In [60], a study showed that reducing the recuperator effectiveness from 0.9 to 0.85 re-
duces the cost of the heat exchanger by 50 %. In most studies the effectiveness ranges between
0.9 and 0.95, as it represents the optimal effectiveness in term of efficiency. In this thesis
the effectiveness of the recuperator will be designed to be about 0.88 at design conditions,
which is considered as a good trade off between the heat duty and cost of the exchanger.
This effectiveness doesn’t take into account the singular pressure losses and the one occurring
outside of the heat exchanger. When taking it into account in Section 6, it decreases to 0.85.
To confirm the optimal value of the effectiveness, an economical analysis would be necessary.
In Section 6.2, a sensitivity analysis on the impact of a change in recuperator efficiency is shown.

The model we build is based on the geometry found in [48] [54] and [61] for zigzag PCHE.
It can be built based on an elementary heat transfer unit represented on Fig. 5.3. The
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characteristics of this PCHE’s elementary element are shown in the table 5.2. The recuperator
can be modeled by assembling several elementary heat transfer units together.

Figure 5.3: Elementary heat transfer unit of a PCHE [54]

Wetted perimeter Pw [mm] 5.14
Hydraulic diameter dh [mm] 1.22
Cross-sectional area Ae [mm2] 1.57
Length [mm] 272
Material Stainless steel 316L

Table 5.2: Geometrical features and materials of the elementary heat transfer unit

To compute the heat transfer, the heat exchanger is divided into several cells along its length.
At each cell, the characteristics of the fluid can be evaluated by their mean value without too
much error. To characterize the convective heat transfer, the Nusselt number is computed
based on the Gnielinski correlation at each cell for the hot and cold side, that express the
Nusselt number as a function of the Reynolds and Prandtl numbers (see equation (5.7)). The
Reynolds number is computed as

Red = ṁedh

Aeµi

, (5.9)

with me the mass flow rate in the elementary channel, Ae the cross sectional area of a channel
and µi the dynamic viscosity of the fluid evaluated at the ith cell. The Prandtl number is a
characteristic of the fluid that can be computed using the CoolProp library [10] as

Pr = f(pi, Ti) . (5.10)

The convective heat transfer coefficient is obtained as

hi = Nuiki

dh

, (5.11)

where k(T, p) is the thermal conductivity of the working fluid that depends on the temperature
and pressure of the fluid.
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The heat transfer in Section 3.4.1 is computed using the wall temperature as a dynamic
variable. The same model should be used to compute (UA)cold and (UA)hot during the physical
design. The heat transfer at each cell for the hot and cold side is then computed based on the
mean wall temperature T i

w at this cell. The discretized recuperator can be seen on Fig. 3.28.
As in [54], the discretized model has been divided into 80 cells. Compared to a discretization
using 1000 cells, the error made by using 80 cells on the (UA) value is of 0.0125 [%] for the hot
leg and 0.22 [%] an the cold side. This error leads to an overestimation of about 0.16 [%] of the
effectiveness of the heat exchanger, with a error of 0.12 [K] on the cold leg outlet temperature
and 0.13 [K] on the hot leg outlet temperature.

The procedure to compute the heat transfer and so the temperature and pressure all along
the heat exchanger is the following:

• First an initial guess is needed for the temperature and pressure distribution at each
cell. This is computed by assuming the effectiveness (see equation ((2.23)) to compute
T3 and T6. The temperature distribution is then supposed linear with the length of the
PCHE for simplicity. The pressure losses are neglected for now. The first assumption of
the effectiveness will have a huge influence on the calculation time.

• Once the temperature is known, the wall temperature in steady state at each cell can
be computed so that the heat flux is the same at the cold and hot side, respecting the
energy conservation. To do so the temperature of the hot and cold flow are computed
from left to right on Fig. 3.28. For the hot side the temperature at each cell exit is
computed from the inlet temperature using the heat transfer per kg of CO2 qi

h as

T i,out
h = f(pi,out, hi,in − qi

h) , (5.12)

with T 0,in
h = T5 the temperature of the hot fluid going inside the recuperator, used as

an input of the calculation procedure.

For the cold side it is computed as

T i,in
c = f(pi,in, hi,out − qi

c) , (5.13)

with hi,out the specific enthalpy of CO2 in [kJ/kg] at the outlet of the ith cell and
T 0,out

c = T3 the temperature of the cold fluid going outside the recuperator. This temper-
ature can not be known a priori as the input of the procedure is the inlet temperature T2.
This procedure is necessary as the heat flux qi

h = qi
c at steady state is not known a priori.

The next cell uses the temperature computed from the previous cell as T i+1,in
h = T i,out

h

and T i,in
c = T i+1,out

c .

At the end of the process T2 is obtained from the initial guess on T3 and the heat
load. As T2 is a known boundary condition, an estimation of the error on T2 is trivial.
Based on this error the initial condition T3 is modified until the error on T2 is smaller
than 0.01 [K].

The heat flux qi
c and qi

h are computed using Gnielinski correlation to estimate the
convective heat transfer coefficient. Then the heat flux is computed as in equation
(3.74):

Qi = (U iAi)∆T i , (5.14)



5.7. RECUPERATOR 87

using the same definition as equations (3.78) and (3.77) for the (UA) value.
The pressure is computed using the Darcy–Weisbach equation (3.2) with f the Gnielin-
ski’s friction factor. An iterative process is necessary on one side of the heat exchanger
for the inlet pressure, just like for T2 previously, depending on what pressure is used as
input.

The intrinsic characteristics of the fluid are evaluated for each cell as the ones at the
entry of the cell for the hot side and at the exit for the cold side. This assumption avoids an
iterative procedure as the mean temperature on the cell depends on the heat transfer. With a
number of cells of 80 considered for the characterisation of the elementary heat transfer unit,
the error using this assumption is of 0.02 % on the heat load and effectiveness and 0.03 [K] on
the exit temperature of the cold side of the heat exchanger, which is legitimately neglected.

Validation

The model developed will be compared to a result of a 3-D CFD model for validation. The
boundary conditions used in this model are shown in Tab. 5.3.

Mass flux [kg/m2s] 509.3
Cold side inlet temperature T2 [°C] 100
Hot side inlet temperature T5 [°C] 400
Cold side outlet pressure p3 [bar] 150
Hot side inlet temperature p6 [bar] 75

Table 5.3: Boundary conditions used for the model comparison

The model has been validated in steady state by comparing the resulting temperature
and pressure profile over the length of the heat exchanger with CFD results from [54], as
shown on Figure.5.4. The deviance from 3-D CFD results for the outlet temperatures does
not exceed 1.7 [%], which is way less than the experimental error.

Figure 5.4: Validation of the recuperator model compared with CFD results in steady state

The recuperator has been designed as a combination of elementary transfer units presented
on Tab. 5.2. The mass flow in a channel of the PCHE can be reduced by increasing the
number of channels. The number of channels have been selected to obtain a Reynolds number
smaller than 30000 as in [48]. To avoid heat losses it is important to minimize the area of the
external walls. That is why a square design of the cross section area is preferable. Designing
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the PCHE recuperator as the superposition of 24 metal plates with 34 semi circular channels
etched on each plates gives a square design and satisfy the Reynolds number limitation.
The length of the channels amounts to 68 [cm] to reach the desired effectiveness. The mass
of steel in this recuperator can be obtained by computing the core volume based on this
geometry. It amounts to 22.5 [kg]. This mass will be used as the casing mass of the recuperator.

In practice, the model we developed could be directly used for the transient simulation.
However, due to the iterative processes used it is too costly from a numerical perspective.
Moreover, it shows some numerical instabilities during transient. That is why it will be used
to develop a correlation for the (UA) value, used in the model explained at Section 3.4.1.
It is a usual approach to use the (UA) value of a recuperator as this value is given by the
manufacturer as a function of the mass flow. This is what is used in the modeling of the
recuperator in [40].

The correlation for (UA)c and (UA)h is built by varying the mass flow through the heat
exchanger while keeping the inlet temperature constant, equal to their nominal values for
the bottoming CO2 cycle recovering heat from the nominal exhaust of a 100 [kW ] Turbec
T100. This value has been determined iteratively when trying to determine the (UA) of the
recuperator.

(UA)h = f(ṁh) (5.15)
(UA)c = f(ṁc) (5.16)

Those correlations neglect the influence of a change of inlet temperature on the (UA)
value. The error made by this assumption has been analysed by extracting the changes in
operating conditions during transient and computing the corresponding (UA) value in the
physical heat exchanger model. The transient profiles analysed correspond to the recuperation
of the exhaust of a mGT going from 100 to 80 [kW ] of load and from 90 to 100 [kW ]. Those
profiles are represented in Section 6.3. Then a worst case scenario error has been analysed.
The extreme values of T2, T5, p2 and p5 during those transient have been collected (see Tab.
5.4 for the considered range) and the (UA) value corresponding to any combination of those
values have been computed for several mass flows.

value min max
T2 [K] 355.5 357
p2 [bar] 148.9 149.2
T5 [K] 440 465
p5 [bar] 76.7 76.8

Table 5.4: Extreme values considered for the error analysis UA(m)

The error made by expressing the (UA)value only as a function of the mass flow during
the analysis of Section 6.3 has been post processed and is shown on Fig. 5.5. The maximum
(UA) value (upper limit of the error bar) has been obtained with [p2,min, p5,min, T2,max, T5,max]
for the hot side and [p2,min, p5,min, T2,max, T5,min]. The minimum one is obtained when taking
the other value for the inlet pressures and temperatures. The relative deviation from the
correlation in [%] is of about [−0.21, +0.58] for the hot side and [−1.64, +3] for the cold side.
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Figure 5.5: Error made using the correlation on (a) (UA)h and (b) (UA)h

Despite the limited variation of temperature on the cold side compared to the hot side,
the variation in (UA) is more significant. The convective heat transfer coefficient varies only
a little along the length of the exchanger on the hot side (2100 − 2210 [W/m2K]) compared
to the cold side (2540 − 3700 [W/m2K]) at design conditions. This is because the properties
of CO2 are more sensitive to a temperature change in the cold side. Indeed, at the cold side
the high pressure of CO2 involves a higher pseudo-critical temperature (see Fig. 1.2). The
temperature being closer to this pseudo-critical temperature, the variations of properties are
more significant.

5.8 Waste heat recovery unit
For the waste heat recovery heat exchanger, heater of the bottoming cycle, the characteristics
of the casing (mw,hcw,h) used to represent the thermal inertia must be determined.

The material used in the manufacturing of this heat exchanger is 316 steel. Because the
maximum temperature of the cycle is quite low, the use of steel is always preferred for a
reduction of the manufacturing cost. The heat capacity of this material can be assumed
constant at cw,h = 490 [J/kgK]. The mass must be determined to ensure dynamic stability of
the model. It has been tuned to show the same time constant as the one of [53], defined as

τ = mw,h cw,h

UA
(5.17)

In [53], the time constant for the heater is τ = 1.55 [s].
At design conditions the (UA) value of the heat exchanger in steady state can be computed
by integrating

dQ = UdA∆T , (5.18)
∆T being the temperature difference between the hot and the cold fluid (see Figure 5.6). This
difference evolves over the heat exchanger depending on the heat exchanged, as shown on Fig.
5.6. It can be expressed as

∆T = Th − Tc = f(Qexch) , (5.19)
with the temperature of the hot source Th expressed as a function of the enthalpy of the flue
gas hh,in − qh.

Th = f(hh,in − qh) , (5.20)
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qh = Qexch

ṁex

(5.21)

Similarly for the cold side where

Tc = f(hc,out − qc) , (5.22)

qc = Qexch

ṁCO2

(5.23)

Leading to the equation (5.24).

(UA) =
∫ Qexch

0

1
Th(hh,in − qh) − Tc(hc,out − qc)

dQ , (5.24)

Integrating numerically using the Scipy library from Python, one can obtain a nominal
(UA) value of about 3.5 [kW/K]. The mass of the casing can then be estimated using
equation (5.17): mw,h = 11.1 [kg]. The value of the casing heat capacity for the heater is then
mw,h cw,h = 5.44 [kJ/K].
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Figure 5.6: Temperature profiles of the heater as a function of the heat load

5.9 Cold heat source
For the water-CO2 cold heat exchanger used as cooler of the bottoming cycle the lumped
approach is used to represent the dynamic behaviour. This model requires a tuning of the
casing mass and specific heat capacity, just like the hot heat source.

Using the same approach as in Section 5.8, the specific heat capacity is the one of 316
steel cw,c = 490 [J/kg/K] and the mass is estimated using equation (5.17) with τ = 2.38 [s].

To design the exchanger, the (UA) value must be chosen. This value depends on the
design of the heat exchanger and of the acceptable flow rate of water going through the heat
exchanger. Designing an exchanger with a small (UA) value will decrease its response time,
volume, price and pressure losses. However it will decrease the maximum heat transfer. A
better heat transfer can be achieved by increasing the mass flow of water to increase the
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temperature difference between the water and CO2. The temperature of water at the exit of
the cooler will then decrease. This approach has a limit and the mass flow of water increases
rapidly. As the cycle uses the mass flow of water to regulate the lowest temperature of the
cycle, the exchanger must be well designed from the start. Imposing an exit temperature
of 32 [°C] at the hot end of the heat exchanger, a (UA) value of 2.6 [kW/K] is found. The
resulting mass flow rate of water is about 1.8 [kg/s]. Reducing T1 is favorable for improving
the net power output of the cycle but it has the disadvantage to rapidly increase the mass
flow of water or the necessary (UA) of the cooler.

Using this nominal (UA), one can obtain mw,c = 12.6 [kg] from equation (5.17). As explained
in Section 3.4.3, the thermal inertia of the inventory tank has to be taken into account into the
casing mass. At the design conditions of the inventory tank p1 = 75.5 [bar] and T1 = 308.2 [K],
the heat capacity of CO2 is cp(p1, T1) = 854.3 [J/kg/K], its density is ρ = 279.6 [kg/m3]. The
volume of the inventory tank has been design to be V = 0.043 [m3]. For the inventory tank
m cp = 10.3 [kJ/K], which is equivalent to the thermal inertia of 21 [kg] of steel. For the cold
heat source the value of the casing heat capacity is mw,c cw,c = 16.45 [kJ/K]. The temperature
vs heat load profile for the cold source at nominal conditions is represented on Figure 5.7.
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Figure 5.7: Temperature profiles of the cooler as a function of the heat load

5.10 Turbine isentropic efficiency
As explained in Section 3.3.2, the turbine is considered choked and the isentropic efficiency is
assumed constant at ηis,T = 0.84 [−]. This estimation of the isentropic efficiency of the turbine
has been made based on literature review. For this purpose, small scale s − CO2 turbines
must be considered. Indeed, the small scale of the turbomachinery results in relatively large
tip clearances and windage losses.

Barber-Nichols designed the s − CO2 turbomachinery prototypes of about 100 [kWe] at
the Sandia National Laboratory and in the Integrated System Test (IST) at the Naval Nuclear
Laboratory. Those two turbomachinery prototypes are quite similar and have respectively a
design isentropic efficiency of 0.85 and 0.8 for the turbine [3]. Echogen EPS100 turbine perfor-
mance measurements of their 250 [kWe] prototype indicate peak turbine isentropic efficiencies
just over 0.8, and comparison with modified NASA TP-1730 radial turbine performance
curve suggests that this efficiency will continue to increase at full load [3]. At the KIER
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experimental facility, a 12.6 [kW ] TAC (Turbo Alernator Compressor) unit has been tested
[15] with a turbine efficiency of 0.84.

In the dynamic analysis carried out by M. Marchionni et al. in [53] on a 50 [kW ] s − CO2
cycle, the performance map of the turbine shows efficiency up to 0.83. In its work on analyzing
a bottoming cycle for mGT, F. Reale et al. considered an efficiency of 0.85. Salah et al.
[75] worked on the design of a 100 [kW ] radial turbine whose design efficiency is 0.835. In
[50], different layouts of supercritical CO2 power cycles for waste heat recovery have been
investigated considering an isentropic efficiency of 0.85 for the turbine.

In the end an isentropic efficiency of 0.84 has been selected for the dynamic analysis made in
this thesis. A sensitivity analysis on the turbine isentropic efficiency has been carried out
and is shown on Fig. 6.6 in Section 6.2 to show the impact of this parameter on the cycle
performances and the gains achievable in efficiency by improving the turbine design.



CHAPTER 6

Dynamic analysis results

6.1 Introduction
In this Section the dynamic code has been used to investigate the behaviour of the designed
s − CO2 cycle for the recovery of exhaust gas from a mGT. First a sensitivity analysis on
important parameters of the cycle has been carried out. This analysis justify the choices made
during the design of the cycle and show the effect of changes in the cycle operation or design.

Then a dynamic simulation of the cycle has been made while recovering changing exhaust
flow of the mGT. The exhaust given as an input for the simulation is the one obtained during
a change of operation of the Turbec T100, from 100 to 80 [kW ] and from 90 to 100 [kW ]. For
those simulation the control strategy is the following:

• The compressor inlet temperature is kept constant at T1 = 308.5 [K] using low tempera-
ture control.

• The compressor inlet pressure is maintained constant at p1 = 75.5 [bar] using inventory
control

• To recover the maximum power from the cycle and maintain the isentropic efficiency of
the turbomachinery, the rotational speed of the shaft is kept constant at 33100 [rpm]

6.2 Sensitivity analysis
To control the cycle and maximize the power recovered from the mGT exhaust, it is important
to select the control variables wisely. To see the effects of specific parameters on the cycle
performances in steady state, different sensitivity analysis were performed. Those analysis were
made on a bottoming s − CO2 cycle recovering waste heat from the exhaust of the 100 [kW ]
Turbec T100. The characteristics of this exhaust is a mass flow rate of ṁexh = 0.746 [kg/s]
and a temperature of Texh = 563.4 [K]. Defining the waste heat recovery potential as the
power recovered when cooling the exhaust gases to 100 [°C]:

PW HR = ṁexh(h(Texh) − h(T = 373.15 [K])) , (6.1)

93
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the potential of recovery of this exhaust flow is of 150.5 [kW ]. The composition considered for
the exhaust gas composition is described in Section 3.2.2.

For the following analysis, the effect of a deviation from design value of different parameters
will be investigated. The design value are made explicit on Tab. 6.1.

Cycle parameter Design value
T1 [K] 308.5
p1 [bar] 75.5
N [rpm] 33100
ηis,T 0.84

Table 6.1: Design parameters used for the steady state analysis

Compressor inlet temperature

On Fig. 6.1, one can see the variation in power output of the bottoming cycle when varying
the lowest temperature of the cycle T1 with p1 = 75.5 [bar] and N = 33100 [rpm].
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Figure 6.1: Power output of the cycle as a function of T1

Decreasing T1 allows a significant increase of the net power of the cycle by reducing
the power consumption of the compressor. On the contrary, an increase of 1 [°C] from
T1 = 308.5 [K] induces a decrease of 1.1 [kW ] , equivalent to 7.1 % of the power output. This
is explained by a reduction of the compressibility factor Z and by the fact that increasing T1
decreases the mass flow rate and pressure ratio at the compressor, hence the power extracted
at the turbine. This trend is shown in red on Fig. 6.3 by showing the pressure ratio evolution
with the mass flow when changing T1 from 308.2 [K] to 310.5 [K]. This is why low temperature
control is often used in s − CO2 applications. The impact of changing the temperature at
constant pressure on the compressibility factor of CO2 is shown on Fig. 6.4 and 3.6 in Section
3.3.
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Compressor inlet pressure

The effects of a change in inlet pressure at the compressor have been investigated. The
pressure p1 has been varied while keeping the temperature T1 constant at 308.5 [K]. On
Fig.6.2 the cycle power output is shown as a function of p1.
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Figure 6.2: Power output of the cycle as a function of p1

Increasing p1 decreases the compressibility factor Z, as shown on Fig. 6.4. For the same
compression ratio, the compressor specific power consumption decreases with p1. The effect
of increasing p1 is the same as the one seen when decreasing T1, i.e. an increase of the mass
flow rate and pressure ratio at the compressor. In the range of pressure and temperature
considered on Fig. 6.1 and 6.2, the pressure ratio of the compressor as a function of the mass
flow rate of CO2 has been plotted on Fig. 6.3.
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The increase in power output of the bottoming cycle when increasing p1 can be explained
by a reduction of the compressibility factor Z at the compressor entrance due to the changing
characteristics of s − CO2, reducing the compressor work for the same turbine work. It
explains why the cycle efficiency increases despite a decrease of the turbine inlet temperature
shown on Fig. 6.5. The change of Z has been plotted on Fig. 6.4, where the blue dots are the
investigated pressures p1. It can be seen on that image that the properties of s − CO2 are not
fully used. The operating point is in the vapour-like supercritical fluid region, as explained in
Section 3.3.1, so before the reduction of compressibility factor occurring in the pseudo critical
region. On a T-s diagram the compressor inlet state is on the right of the critical point.
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Figure 6.4: Variation of the compressibility factor Z as a function of pressure and
temperature

A lower compressibility of about 0.25 can be achieved by increasing the lowest pressure or
decreasing the temperature to have a liquid like supercritical fluid behaviour, and it would
reduce even more the specific power consumption of the compressor. However it would induce
a mass flow rate of CO2 that is too big for our application. Decreasing T1 increases the
reduced mass flow and decreases the Z. Decreasing Z increases the maximum mass flow rate
but also decreases the maximum pressure ratio achievable. If the mass flow rate is imposed at
the compressor, decreasing T1 brings the operating point closer to the surge line, due to the
modification of the compressor map taking real gas behaviour into account. Moreover the
approximations used during the modeling of the compressor are not valid in the liquid like
supercritical region where the Z is too small.

To analyse the gain achievable in efficiency when decreasing Z, the cycle has been tested
in steady state with an increased mass flow rate. The mass flow rate f the exhaust flue
gas has been doubled and the TIT of the bottoming cycle has been conserved at 522.8 [K],
conserving the specific heat addition at the hot source (same WHR efficiency). The impact
of decreasing Z to 0.322 by decreasing T1 to 306.13 = Tcrit + 2 [K] and increasing p1 to
76.84 [bar] is an increase in cycle efficiency from 15.04 % to 22.2 %. This is partly due to an
increase of the compression ratio, increasing the turbine specific power from 46.57 [kW/kg]
to 58.71 [kW/kg]. At same Z, increasing the compression ratio would also increase the
specific power consumption of the compressor. However it is reduced from 26.34 [kW/kg]
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at Z = 0.47, PR = 1.97 to 26.17 at Z = 0.332, PR = 2.4. The comparison has been
made with a constant isentropic efficiency. This analysis shows that the turbomachinery
considered in this thesis is not well adapted to the small scale s − CO2 cycle analysed, for
which the pressure ratio and mass flow rate are limited. It has been used by scaling an existing
compressor map of mGT, because of the absence of existing adapted compressor map available.

Inventory control consists in varying p1 by changing the density at the inlet of the com-
pressor by changing the total mass of CO2 in the cycle. Varying p1 allows a control of the
turbine inlet temperature, an important parameter to enhance the cycle efficiency, without
changing the rotational speed of the turbine. It allows a better conservation of the turbine
isentropic efficiency at part load [53]. Fig.6.5 shows the variation of the TIT with a variation
of p1 in the cycle analysed. The linear behaviour eases the implementation of a controller.
The range of control is quite limited and a control of T1 or of the pressure ratio is necessary
to increase the controllability of the cycle.
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Figure 6.5: Variation of the turbine inlet temperature (TIT) as a function of the pressure p1

Turbine isentropic efficiency

To show the potential improvement of s − CO2 cycle with an increase of the isentropic
efficiency of the turbine and to show the impact of a miss estimation of the turbine efficiency,
a sensitivity analysis on ηis,T has been performed. The impact on the turbine specific power
and the resulting change in efficiency of the cycle are shown on Fig. 6.6. This parameter has
a huge impact on the cycle performance and research on this field are important to enhance
the efficiency of s − CO2 cycles. From the exhaust gas thermal power available for waste heat
recovery (PW HR) and the power extracted at the bottoming cycle (Pm), the total efficiency
can be extracted, defined as

ηtot = Pm

PW HR

= ηcycleηW HR , (6.2)

with
ηW HR = Phot

PW HR

, (6.3)

Phot = ṁCO2(h4 − h3) , (6.4)
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ηcycle = Pm

Phot

. (6.5)
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Figure 6.6: (a) Specific power at the turbine and (b) resulting ηtot when varying the turbine
isentropic efficiency

Recuperator effectiveness

The recuperator is one of the main components of the cycle, improving the internal efficiency
of the thermodynamic cycle. Improving its effectiveness is made by increasing its length and
is associated with an increase in capital cost. The impact of its effectiveness is assessed in
this Section.

To analyse its impact, the effectiveness of the recuperator as been changed by increas-
ing the recuperator length in the physical design while conserving the same pressure losses.
A new correlation UA(ṁ) is found and used to quantify the effect on the whole cycle. The
other parameters of the cycle are kept constant at the design value (see Tab. 6.1). The
effectiveness of the recuperator has been recomputed to take the effective pressure losses into
account, computed based on the correlations from Section 5.2. At the design conditions,
the effectiveness of the recuperator amounts to 0.852. As shown on Fig. 6.7, increasing
the effectiveness increases the net power output of the cycle. The gain in efficiency of the
bottoming cycle is way smaller than the one obtained when increasing the turbine isentropic
efficiency (see Fig. 6.6). However the turbine isentropic efficiency cannot be increased easily,
while the recuperator effectiveness results from a design choice, trade off between investment
cost, pressure losses and heat duty.

The internal efficiency of the cycle is increased (see Fig. 6.7) because of the higher heat duty
at the recuperator, decreasing the losses at the cold source (see Fig. 6.9). A side effect is an
increase of the temperature at the inlet of the waste heat recovery heat exchanger, reducing
the quality of the heat transfer at the heater of the cycle. Less energy can be extracted from
the flue gases due to the reduced temperature difference, decreasing the WHR efficiency of
the bottoming cycle (see Fig. 6.8). Overall there is a net gain in efficiency when increasing
the effectiveness. However it is associated with an increase in the recuperator size, and then
increases the capital cost, the casing mass for transient operation and the pressure losses.
In this study the increase in pressure losses has not been modeled, but other studies show
that due to its effect there exists an optimum in term of power recovering [48, 74], at an
effectiveness between 0.9 and 0.95 depending on the specific cycle and on the design of the
pipes impacting the pressure losses.
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Figure 6.7: Change in power output of the cycle when varying recuperator effectiveness and
resulting ηtot
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Figure 6.8: Waste heat recovery efficiency vs
recuperator effectiveness
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Figure 6.9: s − CO2 cycle efficiency vs
recuperator effectiveness

6.3 Dynamic analysis
In this Section, the recovering from the exhaust gases of a Turbec T100 during transient
operation has been analysed. Two profiles will be presented, the decreasing step induces by a
change of load from 100 [kW ] to 80 [kW ] and the increasing step from 90 [kW ] to 100 [kW ].
The resulting exhaust gases characteristics are shown on Fig. 6.10 for the 100 − 80 [kW ]
transient and on Fig. 6.11 for the 90 − 100 [kW ] transient. From the mGT perspective, an
increasing step in the power load is not problematic in term of compressor surge. Indeed, it is
associated with an overshoot in reduced air flow, increasing the surge margin during transient.
That is why the step in mass flow of the exhaust is sharper than in the situation with a de-
creasing step. The profile of temperature and mass flow of this exhaust is depicted on Fig. 6.11.

Originally 800 seconds of transient were available but the first 100 seconds were not represented
in this analysis because they are used to reach a steady state regime from the initial conditions
of the s − CO2 cycle. The variations present during this lapse of time are not physically
representative as they are induces by a non-matching of the initial conditions with the steady
state conditions. To run the simulation, 300 seconds of CPU time with dt = 0.05 [s] were
needed to run 800 seconds of cycle.
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Figure 6.10: (a) Temperature and (b) mass flow rate profile of the exhaust gases during the
100 − 80 [kW ] transient maneuver
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Figure 6.11: (a) Temperature and (b) mass flow rate profile of the exhaust gases during the
90 − 100 [kW ] transient maneuver

Three steady state results have been computed with the model for the load points of mGT
considered during the dynamic analysis: 80, 90 and 100 [kW ]. The resulting T-s diagrams
are represented on Fig. 6.12. It is clear here that the compressor inlet has a vapour-like
behaviour because it is in the supercritical region on the right of the supercritical point. The
operating conditions stay the same for the three cycle except for the TIT and turbine outlet
temperature that decrease with the available power.
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Figure 6.12: T-s diagram of the bottoming s − CO2 cycle for different loads of the mGT

The operating point of the compressor is represented on Fig. 6.13. The map has been
built to consider real gas behaviour, varying with Z and the isentropic exponent ns.
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Figure 6.13

The boost in power output of the mGT installation due to the addition of a s − CO2
bottoming cycle has been represented on Fig. 6.14. The relative increase in efficiency of the
mGT is of 15.5 % for the load of 100 [kW ], of 15.8 % for the 90 [kW ] and of 16.25 % for the
80 [kW ]. The mGT efficiency at 100 [kW ] of mGT electrical load is then boosted from 30 %
to 34.65 %. The increase in bottoming cycle efficiency when decreasing the load shows that
better efficiency could be reached with a better selection of the cycle control parameters. An
better optimisation of steady state operations is possible.
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Figure 6.14: Boost in electrical power obtained when using the designed s − CO2 cycle as
WHR at different operating load of the mGT

With the control strategy presented in Section 3.7, the corresponding transient behaviour
for the s − CO2 bottoming cycle has been computed. The first thing to note is the fact that
the control strategy managed to keep a stable operation of the compressor. During transient,
the mass flow rate of s − CO2 at the compressor and turbine are not equal. A loss of power
at the cold heat source decreases the turbine power. The turbine being considered choked
during transient, a decrease in TIT increases the mass flow rate (see equation (3.61)). The
loss of power at the compressor at constant rpm induces a decrease in compressor pressure
ratio and an increase of the mass flow rate. To keep a constant rotational speed of the shaft,
the generator load is reduced. When the mass flow rate of CO2 is higher at the compressor
than at the turbine, there is a mass accumulation downstream the turbine, hence an increase
in density and pressure. This explains the change in pressure ratio shown in Fig. 6.17.
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Figure 6.15: Mass flow rate of CO2 at the turbine and compressor during the 100 − 80 [kW ]
transient
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Figure 6.16: Mass flow rate of CO2 at the turbine and compressor during during the
90 − 100 [kW ] transient

The oscillations visible on the compressor mass flow rate during transient on Fig. 6.16 are
caused by the shaft rotational speed control.
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Figure 6.17: Pressure ratio of the (a) compressor and (b) turbine during the 100 − 80 [kW ]
transient

Energy

The mechanical power at the shaft is represented on Fig. 6.18 and 6.20. We can observe that
it follows well the profile of the potential of exhaust gases during transient, described on Fig.
6.19.
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Figure 6.18: Power output during the
100 − 80 [kW ] transient
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Figure 6.19: Potential of exhaust gases during
the 100 − 80 [kW ] transient
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Figure 6.20: Power output during the 90 − 100 [kW ] transient

When the power available at the exhaust decreases, the mass flow rate of CO2 increases.
Increasing the mass flow rate of CO2 in the cycle reduces the turbine inlet temperature.
The increase in cycle efficiency is caused by the increase in mass flow rate. It increases the
effectiveness of the recuperator, enhancing the internal efficiency of the cycle. As shown in
Section 6.2, an increase in effectiveness of the recuperator boosts the internal efficiency but
also reduces the WHR efficiency. This behaviour is visible on Fig. 6.23 and 6.22 for the
100 − 80 [kW ] transient and on Fig. 6.25 and 6.24 for the other one. An increase in mass flow
rate also increases the pressure losses but as the recuperator design effectiveness is smaller
than the optimal one in term of efficiency, an increase in recuperator effectiveness is positive
in term of power conversion.
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Figure 6.21: Change in total efficiency of the bottoming cycle during (a) the 100 − 80 [kW ]
transient and (b) the 90 − 100 [kW ] transient
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Figure 6.22: Waste heat recovery efficiency
during the 100 − 80 [kW ] transient
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Figure 6.23: s − CO2 cycle efficiency during
the 100 − 80 [kW ] transient
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Figure 6.24: Waste heat recovery efficiency
during the 90 − 100 [kW ] transient
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Figure 6.25: s − CO2 cycle efficiency during
the 90 − 100 [kW ] transient
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Control strategy

To ensure stable operation of the compressor, a rapid change of density at its inlet is not
allowed. The temperature and pressure at its inlet have then been controlled through inventory
and low temperature control.

The low temperature control consists in changing the mass of water flowing through the
cold heat exchanger. The set-point in term of T1 has been fixed to 308.5 [K]. Decreasing T1
increases the performances of the cycle (see Fig. 6.1) but brings the compressor closer to
the choke line by increasing the reduced mass flow. The mass flow of CO2 would become
too important to recover heat from the exhaust of the mGT. The profile of T1 during the
transient operation is shown on Fig. 6.26 and the mass flow rate of water on Fig. 6.27. The
controller accurately controls T1, reducing the deviation from its set value to less than 0.1 [°C].
In practice the error made by the measurement devices increases the deviation of T1. Due
to its huge impact on the compressor stable operation, high precision measuring device is
needed for s − CO2 cycles working close to critical/pseudo-critical conditions.
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Figure 6.26: Temperature at the compressor
inlet T1 during the 100 − 80 [kW ] transient
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Figure 6.27: Mass flow rate of water in the
cooler during the 100 − 80 [kW ] transient

Inventory control allows a control of the lowest pressure of the cycle p1. By keeping
it constant at 75.5 [bar] the compressor is assured not to cross the surge line. A more
clever strategy would allow a change in p1 in order to control the turbine inlet temperature
and optimize the net power output of the cycle. It would require a good knowledge of
the compressor map and is hard to implement from a control level. The evolution of p1 is
represented on Fig. 6.28, and the mass flow of s−CO2 going in the inventory tank on Fig. 6.29.

In this study the dynamic of the valves used in practice for inventory control have not
been modeled. The time scale of the inventory controller is of 1 [s], meaning that the mass
flow rate ṁinv only vary every seconds. It explains why the curve is not smooth and comprises
some steps.
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Figure 6.28: Deviation from p1 = 75.5 [bar]
during the 100 − 80 [kW ]

transient
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Figure 6.29: Mass flow rate of CO2 in the
inventory tank during the 100 − 80 [kW ]

transient

The rotational speed controller managed to keep the rpm constant with a maximum
deviation of 25 during the transient step, as shown on Fig. 6.30.
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Figure 6.30: Deviation from N = 33100 [rpm] during the 100 − 80 [kW ]
transient

With the compressor operating conditions described here above, the isentropic efficiency
of the compressor stays constant during transient operation at ηis,C = 80.53 %.





CHAPTER 7

Conclusion

The aim of this thesis was to assess the potential increase of efficiency associated to the
addition of a CO2 bottoming cycle whose purpose is to valorize the waste heat of the exhaust
of a mGT namely the Turbec T100. For this purpose, the implementation of, first, a steady-
state model followed by a dynamic model was made. The main purpose of the steady-state,
simplified model was to compare the performances of CO2 cycles with the performances of
the most mature technology existing today for waste heat recovery within the temperature
ranges of the mGT; the ORC’s. Because the mGT requires flexible operations due to its role
in filling the gap caused by the intermittency of renewable energy, so does the CO2 bottoming
cycle. Hence a dynamic model was implemented for the analysis of transient behavior. The
characterisation of the dynamic behaviour of the cycle is necessary for the development of
suited and efficient control systems. This was done without any experimental data available
in order to validate the model. The aim of this work is thus the first iteration in a process of
modeling-construction-validation loop for an s − CO2 installation.

The steady-state models were both implemented in the Python open-source programming
language using the CoolProp thermodynamic library. The dynamic model was implemented
using a block approach for each component of the cycle. These blocks were assembled subse-
quently to form a global model.

In Chapter 2, a steady-state analysis was made comparing a transcritical CO2 cycle, a
supercritical CO2 cycle with two ORC’s; one with R113, the other with R245fa. The bound-
ary conditions were found based on thorough literature review; the constraints found mainly
limited the pressure ratio for the CO2 cycles, and the TIT of the ORC’s due to thermal
stability of the organic fluids. Results based on energetic and exergetic analysis as well
as effectiveness for the heat exchangers showed that for the conditions applied, the R113,
then the t − CO2, then s − CO2, then the R245fa cycle showed the best performances. The
performances were essentially lowered by the cycle efficiency for the s − CO2 cycle due to
high compressor power consumption. The inlet conditions chosen for the compressor induce
the latter to work in the vapour-like supercritical region, i.e. where fluid possesses gas-like
density. This is why with the t − CO2 cycle (where the inlet of the compressor is in liquid
state), the power consumption of the compressor is significantly reduced. However, s − CO2
showed the best performances regarding the heat transfer because of the good temperature
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matching between the heated CO2 and the exhaust gases.

A physical model was implemented and discussed for each block in Chapter 3. Special
care was taken in the modeling of the compressor and the recuperator. Indeed, both work in
conditions where the working fluid approaches the critical conditions where the fluid properties
vary greatly with small temperature/pressure changes. The compressor needing a new map
for each entry conditions to accurately model real gas behaviour, a methodology was used
to derive these multiple maps from the initial compressor maps of the Turbec T100. The
recuperator has been modeled the same way as in [40], because of the low complexity of the
model. Different heat transfer coefficient were used at each side of the recuperator and wall
thickness have been taken into account. A correlation for the UA value at each side of the
recuperator has been developed to make up for the lack of experimental result. It has been
validated with 3-D CFD results. Control strategy was also discussed.

Chapter 5 discusses the estimation of the different parameters used in the modeling of
the component blocks. This was made with the help of a thorough review of literature on the
subject.

The results obtained using this dynamic model were detailed in Chapter 6. At first, a
sensitivity analysis on important parameters of the cycle has been carried out. This analysis
justify the choices made during the design of the cycle and show the effect of changes in the
cycle operation or design. The compressor consumption decreases with the compressibility
factor Z, hence the importance of controlling its inlet conditions carefully. The second step
consists in a dynamic simulation of the cycle recovering changing exhaust flow of the mGT.
The exhaust given as an input for the simulation is the one obtained during a change of
operation of the Turbec T100, from 100 to 80 [kW ] and from 90 to 100 [kW ].

Stable control of the cycle have been achieved by maintaining the compressor inlet con-
ditions constant. The control strategy implemented did not take measurement errors into
account and could then not be directly implemented for real application. More clever and
robust control strategy should be investigated to optimize the power recovery of the bottoming
cycle and maintain stable operation of the compressor despite the presence of measurement
errors. For what concerns the numerical performances of the simulator, the computation to
simulated time ratio was between 1/2 and 1/3, allowing real time simulation.

The primary aim of this work is a first assessment of s − CO2 cycle performances in an
optic of first construction of this kind of installation that could serve as a validation of this
model. A numerical modeling tool for dynamic simulation has been developed to investigate
the dynamics of s − CO2 systems and the challenges associated.

Further improvements
• Turbomachines

Using the performance maps of the Turbec T100 was a first step in s − CO2 cycle
modeling but it was clear in the analysis that the turbomachinery maps of the mGT were
un-optimized for the application of s − CO2 cycle. Indeed, pressure ratios achivied in a
s−CO2 cycle were significantly smaller than the ones for which the mGT are designed for.

In the case of the compressor, this means that the compressor works in bottom of
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the map further away from optimized isentropic efficiency and where the speed-lines
experience pronounced non-monotonous behavior compared to speed lines at higher
pressure ratios. This results in non-uniqueness of the solution i.e. for a given pres-
sure ratio, two mass flow rates are possible. this issue is further explained in Appendix C.

In the case of the turbine, this also means that working in the bottom region of
the map decreases the turbine isentropic efficiency unless the rotational speed of the
turbine works at very low rpm. This region is also more sensible to rotational speed
and expansion ratio change in terms of mass flow rate, i.e. for a given pressure ratio, a
rpm change will induce a wider mass flow rate change than in the case of the top of the
turbine map idem in the case of expansion ratio change.

The solution for this would be to make CFD simulations in order to design turbo-
machinery optimized for s − CO2 and the range of operations it must follow or use data
from s − CO2 turbomachinery. From this, in the case of the compressor, one could
derive a performance map from which different maps for different could be derived as
done in this thesis or make several maps expanding the supercritical region allowing for
interpolation of the map for the inlet conditions in between.

• Cold source
The cold source was simulated in a simplified way. However, in order to achieve a more
precise model, one should investigate the parameters influencing the variation of the
global heat transfer of CO2 whose conditions approach the critical point at the exit of
the cold source as done for the recuperator.

• Control strategies
As for now, only one combination of controlled parameters was investigated. In order to
assess which control strategy would imply the best performances, further investigation
requiring the control of different parameters should be done. One point of attention
regarding these control strategy should always be the safe and stable operation of the
compressor which is a special concern of s − CO2 cycles. Indeed, staying in a stable
zone in an automated fashion has shown some difficulty. For real-world applications
robust controllers are necessary to take measurement errors into account while keeping
the compressor stable.

• Exhaust conditions
More exhaust conditions should be investigated. Indeed, as for now, only the exhaust
conditions obtained during the change of operation of the mGT from 100 to 80 [kW ] and
from 90 to 100 [kW ] were investigated. System startup and shutdown of the bottoming
cycle have not been studied.

• Validation
A future objective would ideally be the validation and calibration of the model with
experimental data. This would allow for finer estimation of the parameters used in the
different components of the model, for a finer estimation of pressure losses, power losses
(for the shaft block), allow for more realistic hypothesis, etc.
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APPENDIX A

Global physical model

The global physical model developed in Chapter 3 is represented on next page on Fig. A.1
taking the full page space.
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Figure A.1: Global physical model



APPENDIX B

Discussion about enthalpy

In the dynamic modeling of the s−CO2 bottoming cycle, to estimate the exhaust composition,
the exhaust gases were assumed to be obtained after a complete combustion with air (whose
molar composition is assumed at 21 % O2 and 79 % N2) i.e. where no unburned products
subsist in the exhaust gases (namely CO and H2). Hence the combustion equation, using a
fuel with the following molecular composition CzHy, is expressed as follows:

CzHy +λ
(

z + y

4

)
(O2 +3.76N2) −→ (λ−1)

(
z + y

4

)
O2 + y

2H2O +zCO2 +3.76λ
(

z + y

4

)
N2

In the case of the mGT considered, based on A. Laterre’s work, the exhaust were assumed to
be obtained with a combustion with pure methane CH4 and with an excess air coefficient
λ = 7.7 [−]. Hence the combustion equation gives the following exhaust composition:

O2 % N2 % H2O % CO2 %
18 78 2.7 1.3

Table B.1: mGT Exhaust composition

However, in Chapter 2, air was used as a heat provider for the bottoming cycles investigated.
The specific enthalpies of the exhaust and of air in function of temperature are shown on Fig.
B.1(a) and the relative error erel between the two defined by equation (B.1) is shown in Fig.
B.1(b).

erel = 100 · |hair − hexh|
hair

(B.1)

The enthalpies were evaluated at ambient pressure. One can see that there is a non negligible
relative error in the range of temperatures experienced by the mGT exhaust. Hence the
approximation of using air as exhaust can be discussed despite a very lean combustion. This
is also because even if very few fuel is used in comparison to air, the proportions of O2 and
N2 change in the exhaust because only O2 is the oxidiser; N2 being only a diluent. However,
since the point of Chapter 2 was to compare four cycles, and that this approximation was
used for all the cycles, this hypothesis is reasonable especially since the order of magnitude
for the enthalpies of air and the exhaust gases is the same.
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Figure B.1: (a) Specific enthalpies of air and exhaust, (b) Relative difference between air and
exhaust

Furthermore, in a recuperator cell, the assumption that the second term of the following
equation (B.2) was independent of temperature i.e. µT = µ(p) was used in order to only use
the specific heats (since the pressure p was constant in the cell) to have a direct expression
for the outlet temperature of the cell (see Section 3.4.1).

h(p, T2) − h(p, T1) = cp(p, T2)T2 − cp(p, T1)T1 + (µT (p, T2) − µT (p, T1))p (B.2)

The plot of µT in function of temperature is shown on Fig. B.2.
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Figure B.2: µT of CO2 in function of temperature

One can see that in the range of operation of the recuperator this value can be considered
constant. Furthermore, the order of magnitude of µT is such that its difference between two
temperatures would be insignificant. Hence this approximation is valid.



APPENDIX C

Ellipse and Supershape fits for compressor map

Because of the non monotonous behavior of the iso-speed lines on the compressor performance
maps (especially for lower pressure ratio), a non-uniqueness problem arises i.e. for a given
pressure ratio, two mass flow rate are possible as seen on Fig. C.1. In A. Laterre’s work [40],
several fits for the interpolation of the data provided by the manufacturer for the performance
map of the Turbec T100 compressor were implemented. After comparing the ellipse and the
supershape fit, one can observe that the first provides values outside of the domain defined in
Fig. C.1 (lower mass flow rates values) and the second provides values inside this domain
(mass flow rates values closer to choke).

Figure C.1: Illustration of the non-uniqueness issue (figure found in [40])

One should note that usually the non-monotonous speed lines present first a pressure rise
followed by a longer pressure drop. Hence, the part on the right of the dotted line on Fig. C.1
is considered outside the domain because, for a given pressure ratio, the smallest rotational
speed would give a unique mass flow rate located usually on the center left of the speed line.
Then, when increasing this speed, two mass flow rates are possible and the ellipse fit would

V
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give the smallest of the two. But when the rotational speed increases enough for the smallest
mass flow rate to be smaller than the surge mass flow for this pressure ratio, then the ellipse
fit would have to choose the only mass flow rate left which is the one on the choke side since
speed lines descend further down in pressure ratio from the one it started before rising. This
would cause a mass flow rate discontinuity when increasing rotational speed as seen on Fig.
C.2.
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Figure C.2: Mass flow rates given by the ellipse and supershape fits for a given pressure ratio

Hence in this thesis, the supershape fit was chosen to avoid this discontinuity appearance.
Furthermore, one can observe that the ellipse fit still provides a mass flow rate value (the
two dotted point on the bottom of Fig. C.2) even when the rotational speed is outside the
range of rotational speed range giving mass flow values for a given pressure ratio whereas
the supershape fit stops as it should. Also, one can note that in the case where both fits give
mass flow rate inside the compressor domain as defined in Fig. C.1, there is a non-negligible
mass flow rate value difference between the two fits.
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